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Abstract—This Paper details the weight optimization of
forced convection cooling systems, composed of fan and ex-
truded fin heat sink, required for a dc—dc converter of an
airborne wind turbine (AWT) system. The presented inves-
tigations detail the optimization of the heat sink’s fins with
respect to minimum weight and the selection of a suitable
fan for minimum overall system weight. A new analytical
cooling system model is introduced, the calculated results are
compared to the results determined with a preexisting analytical
model and Finite Element Model (FEM) simulations. The
comparison to experimental results demonstrate the accuracy
improvements achieved with the proposed methods. Compared
to commercially available products a weight reduction of 52 %
is achieved with the proposed optimization procedure for the
required heat sink system with Rps.. = 1 K/W.

I. INTRODUCTION

Increasing consumption of electric energy, environmental
issues, and limited availability of fossil fuels have led to
a multitude of developments related to the generation of
electricity from renewable energy sources. One innovative
system in this context is the airborne wind turbine (AWT)
detailed in [1], which generates electricity from high altitude
winds. High altitude winds are known to be more stable and
faster than winds close to ground-level and, thus, enable a
more reliable and effective generation of electric energy [1].

The AWT is essentially a flying wing with a significantly
lower construction effort of the power generation system
compared to a traditional wind turbine. A long fiber and
cable combination (tether ~ 1 km long) ties the AWT to the
ground and, additionally, provides the electrical link to the
ground station [1].

The greatest challenge with respect to the realization of
the electric system of the AWT is to achieve a light-weight
tether and light-weight generators and power converters. The
considered AWT system is rated for a maximum input power
of 100kW and related investigations detailed in [1] reveal
that a low-weight realization of this AWT makes a dc—dc
converter necessary, which boosts the dc bus voltage, V7,
on-board the AWT (650V < V; < 750V) to a high tether
voltage of up to 8kV, cf. Fig. 1. The tether voltage is set
to Vo = 8kV V1/750V, ie. Vo/V3 = 8kV/750V =~ 10.7
since the dc—dc converter is operated most efficiently with
constant conversion ratio. The dc—dc converter further needs
to allow for bi-directional energy transfer in order to enable
the start-up of the AWT, where the rated power is 100 kW.
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Fig. 1.  Electrical system of the airborne wind turbine (AWT). Four
bi-directional dc—dc converters link eight voltage source rectifiers, to a
tether and power transmission tether (= 1km). The ground station, i.e.
bi-directional dc—ac converter, connects the tether to the three-phase grid.
Four single converter cells form a bi-directional dc—dc converter with a dc
port voltage V2 of up to 8kV.
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Fig. 1 depicts the electrical system of the AWT proposed
in [1]: eight voltage source rectifiers convert the ac voltage
of the generators to dc; four bi-directional dc—dc converters
generate the high tether voltage; and the ground station,
connects the tether to the three-phase grid on the ground. The
converter topology for the dc—dc converter is detailed in [2].
Each converter is formed by four single cells that are con-
nected in parallel on the low voltage side and in series on the
high voltage side in order to reduce the maximum tether side
port voltage of each converter cell to 2kV. Each converter
cell essentially is a dual active bridge (DAB) converter with
a full bridge circuit on the low voltage side (dc port voltage
V1), a high frequency (hf) transformer and inductor, and a
neutral point clamped (NPC) circuit on the high voltage side
[dc port voltage V5 ;, Fig. 2]. The optimization of the dc—
dc converter with respect to minimum weight is particularly
related to the optimization of the cooling system (heat sink
plus fan), since the cooling system in a large part contributes
to the total converter weight [1].

An optimization of heat sinks with respect to minimum
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Fig. 2. A modified dual active bridge (DAB) converter topology is used
to realize a single cell of the bi-directional dc—dc converter [2].

weight, based on FEM, and a comparison of different mate-
rials suitable for low-weight heat sinks are presented in [3].
This optimization, however, considers only natural convec-
tion. Furthermore, the heat sink optimization presented in this
work is part of an overall converter optimization procedure
and, thus, analytical expressions for the expected thermal
resistance (heat sink to ambient), rather than FEM simulation
results, are desirable in order to increase the evaluation speed.

Optimization procedures for complete cooling systems
with respect to minimum thermal resistance are discussed
in [4]-[6]. Lee, [4], outlines the general optimization prob-
lem and the impacts of different parameter variations (e.g. fin
thickness) on the resulting thermal resistance values. Ho-
lahan, [5], refines the thermal model of the heat sink and
includes the fan characteristic (static pressure versus volume
flow) in the heat sink optimization. Finally, Drofenik, [6],
presents a complete heat sink optimization procedure. The
optimizations in [5] and [6] minimize thermal resistance in
order to minimize the cooling system volume, the weight of
the system is not considered.

This paper presents a modified optimization procedure that
yields a minimum weight cooling system. It is based on
analytical expressions and requires comparably low compu-
tational effort. Thus, the proposed procedure can directly be
used as part of a complete converter weight optimization
routine. Section II details a analytical cooling system model.
Section III presents a comparison of the results obtained from
FEM simulation, the model of [6], and the proposed ana-
lytical model. Section IV details the proposed optimization
procedure. Section V, finally, discusses experimental result.

II. COOLING SYSTEM MODEL

Thermal modeling of a heat sink with fan is a multi—
physics problem. The thermal modeling involves three do-
mains, heat conduction in solids, convective heat and mass
transfer, and hydrodynamics. Section II-A covers heat con-
duction and convective heat and mass transfer. Section II-B
covers the hydrodynamics.

The proposed optimization procedure in Section IV con-
siders a cooling system with heat sink and fan, and extends
a conventional heat sink geometry, defined in Fig. 3(a), with
an air duct, shown in Fig. 3(b). It further considers closed
heat sink channels in order to avoid a degradation of the heat
sink’s thermal resistance due to flow bypass [4]. The consid-
ered thermal model, depicted in Fig. 3(c), assumes equal fin
spacing s and fin thickness ¢ with n channels. Therefore, and
due to symmetry conditions, only one channel/fin is modeled.

A. Thermal Model

A simple way to model the three dimensional heat conduc-
tion problem is to represent the three dimensional structure
as a network of thermal resistances. To keep the thermal
network as simple as possible the heat sink symmetries can
be exploited, resulting in a thermal resistance network as
shown Fig. 3(c). The thermal resistances Ry 4 is a function
of the heat sink geometry and the heat sink materials thermal

conductivity Aps,
d

bL s

R fin, Rina, Rina and Tipanmer are nonlinear functions of
volume flow V and geometry. This is most appropriately
modeled as a single fluid heat exchanger as discussed in [7],
[8]. If the average heat transfer coefficient h is known the
total thermal resistance is

Rpg = (D

1
. ®
PairCair V |:1 —e pﬂir(’airV:|

with the effective surface area and fin efficiency [9],

tanh (4/ 7’12)\(}3;) - ¢)

Rysa = Ripng +

Aerr = n(2cn + s)L and n = 3)

h2(t+L)
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Fig. 3. (a) Geometrical model of heat sink; the bottom plate (made of PVC)
prevents flow bypass and the dotted lines indicate the symmetry axes used
for the thermal model. (b) Cooling system model for fin length optimization
with air duct; for the air duct a fixed angle o = 40 © is considered. (c) Heat
sink thermal model, due to symmetry properties only two half fins left and
right to a channel, ¢/2, and one channel, s, need to be considered [6].
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Expressions (2) and (3) assume that the average heat transfer
coefficient, h, is known. The average heat transfer coefficient
is predominantly a function of the fluid boundary layer ve-
locity. For viscous flow in ducts this boundary layer velocity
is a function of the average fluid velocity in the duct and the
fluid viscosity v, which is generally describe by means of
non-dimensional analysis and the use of the Nusselt number.
The Nusselt number however is a function of average duct
velocity, geometry and the Prandtl number, Pr. Muzychka and
Yovanovich have derived an analytical model for the Nusselt
number, Nu VA’ suitable for the extruded fin heat sink model,
which includes the effect of flow development at the inlet of
a duct with arbitrary cross section [10]:

Caf(Pr)\™ fRe/a\\’
N =| () +<{Cl<8ﬁ;>}
1/3)° m/s] M

+{0203<fR:*”) } @

At the inlet of the duct the velocity profile of the boundary
layer shows a distinct dependency on the position along the
axis perpendicular to the front surface. As a consequence,
the Nusselt number is large at the inlet of the duct, where
the boundary layer velocity is large. The Nusselt number
decreases along the thermal entry length, [8], and settles to
a constant value. The model developed in [10] describes
this effect and is solved for uniform wall flux (UWF)
and uniform wall temperature (UWT) boundary conditions.
The presented investigation assumes UWT, due to the high
thermal conductivity of the heat sink material. For UWT
boundary conditions the function f(Pr) is

F(Pr) = 0.564;6

[1+ (1.664 Pr'/°)9/2]2/9
and the parameters C; and C3 are C; = 3.24 and C5 =
0.409, given in [10]. To calculate the average (not local)
Nusselt number the parameters Cy and Cy are Cy = 3/2
and C; = 2. The shape factor is v = —3/10 for rectangular
ducts. The blending parameter m is given by

(&)

m = 2.27 4+ 1.65 Pr'/3. (6)

The model of [10] is valid for 0.1 < Pr < oo, which is
valid for most heat exchanger applications. For the extruded
fin heat sink the shape functions are

L ir
xS de=2 <1, )
Pr-V c
The friction factor Reynolds product function
11.8336 -V i
. : 2
fRey = | =por+ (fRe i) ®

12
R =
TReyan Vel +e) [1 — %etanh (i)]

describes the boundary layer velocity profile and is the
hydrodynamic friction factor for developing viscous flow in

C))

ducts covered in the next section. The heat transfer coefficient
then becomes

Nu )\'i
h= VAT ith dy, =

s _b—(n+1)t
dn s+c o '

and s

(10)

With the approximation of the average heat transfer coef-
ficient h the total thermal resistance can be calculated as a
function of geometry and volume flow V.

Fig. 4 shows the thermal resistance model in [6] (green
line), the proposed model (red line) and FEM simulation
results, for one cooling system geometry. The thermal resis-
tance of the FEM simulations were calculate for maximum
base plate temperature (solid blue line) and minimum base
plate temperature (dottet blue line). A comparison reveals,
that the model in [6] significantly overestimates the thermal
resistance for low volume flows. The discontinuity in the
model given in [6] is caused by the discrete distinction
between laminar and turbulent flow (Re > 2300) and the
use of the turbulent flow model within the transition region
(2300 < Re < 5000). The distinction between turbulent and
laminar flow is essential for fully developed fluid flow. This
distinction however only becomes valid once the hydrody-
namic entry length has been reached, where the fluid flow
turns from laminar to turbulent [11]. For the cooling system
geometry in Fig.4 the hydrodynamic entry length [8]

Lt 1%
L,=-"LRrR =LI—, 11
h \/A e\/Z h NVair ( )

with the dimensionless hydrodynamic entry length for lami-
nar flow [8]

192¢

+ _ 2
L = 0.0822¢(1+ ) |1~ —

T
tanh (— 12
an (26) . (12
is Ly = 650mm at Re = 2300 and L, = 1425mm at
Re = 5000. Therefore turbulent flow will not develop over
the whole length L = 100mm < Ly of the heat sink
presented in this work.
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Fig. 4. Thermal resistance R .. as a function of volume flow V:

FEM calculated with maximum base plate temperature (solid blue), FEM
calculated with minimum base plate temperature (dotted blue), proposed
model (red), model proposed in [6] (green), for a heat sink with dimensions
n=2>5,L=100mm, b =40mm, d = 3mm, ¢ = 30mm, t = 1 mm.
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B. Hydrodynamic Model

The sole purpose of the hydrodynamic model is to deter-
mine the volume flow V, which is an input of the thermal
model [in particular (2)], generated by the selected fan.
Literature review reveals that different phenomena affect the
relation between the total static pressure drop Apy, and
the volume flow for a given heat sink. All these effects
are functions of the geometry and average air speed. In [6]
only the friction factor for fully developed flow between two
parallel plates is considered, which, however, turns out to
insufficiently predict the actual pressure drop and volume
flow, since the criteria required for approximation of the
friction factor as the friction factor for fully develop fluid
flow L} ~ 10L, is not fulfilled in commonly used heat sink
geometries [8]. Improved fluid dynamic models are proposed
in [12]-[14]. Reference [12] and [13] include the effects of
sudden contraction at the inlet and sudden expansion at the
outlet, based on [11], and the effects of developing flow [14].

Further, the conservation of momentum needs to be con-
sidered in order to account for the fluid acceleration in the air
duct and the heat sink. Respective literature is found in [11],
[15]-[17].

The total cooling system static pressure drop then becomes
the sum of all the pressure drop contributions expressed as
functions of volume flow,

Aptot(v) - Aph:(v) + Apduct(‘./v) + Apacc(v)-
The heat sink static pressure drop,

. . L — .
Apns(V) = < fapp(V)E + Ko + K> - gyﬁs(m, (14)

consists of the friction factors for sudden contraction and
sudden expansion [11], [12], [17],

2N TR
Kse_< _D?L) _<1_(l_b) 0

N AN (n+1)t\°
Ky = 0.42 ( — D%) =0.42 (1 — <1 — b) ,

(16)
and the apparent friction factor for viscous fluid flow in
ducts [14],

13)

fapp(V)* Re\/z(f/) RS fRe\/Z(V)~

The air duct static pressure drop,
Lducl 1

Apduct(‘./) = (fapp,duct(v> -+ Kventuri>
dh,duct 4

A7)

P72 v
: §Uduct(v)
(18)
consists of the apparent friction factor for the average duct
hydraulic diameter and the friction factor for a venturi
nozzle [11], [14], [16],

. JRe z(V) vy/b(b+c)
fapp,duct(v) - Re\/z(V) - \/§V (19)
. 1/2
11.8336V 2t
(b— c)jn @, (fRe\/Z,fd)2}

b—c b+c
= T > €duct — ) 20
2tan («) Cduct 2¢ (20)

Kventuri ~0.2. (2])

The average velocities are given as functions of volume flow,

. v _ . 174

Ups(V) = — and Uge(V) = —. 22
ns (V) oo and Uq (V) b (22)
Conservation of momentum for the air duct and heat
sink [11], [15]-[17], gives the pressure drop for the fric-

tionless fluid flow acceleration,

ApaceV) = ((nl)z—(bﬁ)) e

Fig. 5 shows the contributions of the different effects
causing the total heat sink static pressure drop (red line),
for an example cooling system with dimensions n = 5,
L = 100mm, b = 40mm, d = 3mm, ¢ = 30mm,
t = 1mm. The shaded areas from bottom to top are:
apparent friction factor fpp, sudden expansion K., sudden
contraction K., conservation of momentum Ap,. and the
friction factor of the duct Apgyc.

(23)

100 v I T Toon T T T
Re<2300: 1 5000<Re
(—FEM —
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Fig. 5. Cooling system static pressure drop Apye as a function of volume
flow V, FEM (blue), proposed model (red), model proposed in [6] (green),
for a heat sink with dimensions n = 5, L = 100mm, b = 40 mm,
d =3mm, ¢ =30mm, {t = 1 mm. The shaded areas from bottom to top
show the contributions of apparent friction factor fapp, sudden expansion
K, sudden contraction Ky, conservation of momentum Ap,. and the
friction factor of the duct Apgy. The static pressure drop characteristics
of the fans in Tab. I are superimposed in black.

Fig. 5 further shows the hydrodynamic model proposed
in [6] (with fitting factor k, green line) and FEM simulation
results (blue line), the horizontal dotted lines indicate the
boundaries for laminar (Re < 2300) and turbulent flow
(5000 < Re).

Fig. 5 shows that the friction factor Reynolds product
fRe VA which is essential for the calculation of the average
heat transfer coefficient, is only a minor contributions to the
total static pressure drop characteristic of the cooling systems
considered in this work.

III. MODEL COMPARISON

The proposed thermal and hydrodynamic model and the
model proposed in [6] are compared to FEM simulation
results (in COMSOL Multiphysics) and, in Section V, to
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Fig. 6. Comparison of the total static pressure drop Apyy at the operating
points of the fans listed in Tab. I. The geometry parameters of the considered
cooling systems are in the range of L € [60 mm,100 mm], n € [5,13],
¢ € [10mm,37mm], b = [40 mm], ¢ = [1 mm]. FEM simulation (blue
dot), cooling system model proposed in [6] (green star) and new cooling
system model (red cross).
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Fig. 7. Comparison of the static volume flow V at the operating points

of the fans listed in Tab. I.The geometry parameters of the considered
cooling systems are in the range of L € [60 mm,100 mm], n € [5,13],
¢ € [10mm,37 mm], b = [40mm], ¢ = [1 mm].. FEM simulation (blue
dot), cooling system model proposed in [6] (green star) and new cooling
system model (red cross).

experimental results, in order to present the achieved im-
provements. Assuming that the most accurate calculation of
thermal resistance, volume flow, and pressure drop is feasible
with FEM simulations a large number of FEM simulations is
used as basis of the evaluation. The thermal resistance values
of the FEM simulations are calculated with the maximum
base plate temperature.

The hydrodynamic models, which determine the operat-
ing point of the fan, are needed to evaluate the thermal
model, in particular (2), and are analyzed first. Fig. 6 and 7
show the calculated operating points for the considered
fans in Tab. I and 72 different heat sink geometries with
parameters in the range of L € [60mm,100mm], n €
[5,13], ¢ € [10mm,37mm], b = 40mm, { = 1mm, and
V € [1dm?3/s,14 dm? /s]. The operating point is determined
by equalizing the cooling system static pressure drop and the
fan (the fan characteristic are obtained from data sheets). Fig.
6 — 9 and 14 the results of the FEM simulations are marked
with blue dots, the results of the proposed model with red
crosses and the results of the model proposed in [6] with

- FEM
‘| = proposed
» model in [6] |---

Ry, / (KIW)

thermal resistance

300 400 500

Simulation Nr

Fig. 8. Comparison of the thermal resistance values Ry, s, at the operating
points of the fans listed in Tab. I determined by the FEM model.The
geometry parameters of the considered cooling systems are in the range of
L € [60mm,100 mm], n € [5,13], ¢ € [10 mm,37 mm], b = [40 mm],
t = [1 mm].. FEM simulation (blue dot), cooling system model proposed
in [6] (green star) and new cooling system model (red dot).
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Fig. 9. Comparison of the thermal resistance values Ry, 5., at the operating
points of the fans listed in Tab. I. The geometry parameters of the considered
cooling systems are in the range of L € [60 mm,100 mm], n € [5,13],
¢ € [10mm,37mm], b = [40 mm], ¢ = [1 mm].. FEM simulation (blue
dot), cooling system model proposed in [6] (green star) and new cooling
system model (red dot).

green stars. For a better graphic representation the results in
Figs. 6 — 9 are sorted in different orders, such that the blue
line (FEM simulation results) is monotonic.

Fig. 6 shows a high correlation for the pressure drop of
the proposed model and the FEM simulation with a mean
deviation of

k
1 A — A
OAp = E 2 : ” Ptot, FEM ptot,model“ — 21%, (24)
i=1

Aptm,FEM

(k = 72 - 10), whereas the previous cooling system model
shows a mean deviation of o, = 64.3%.

Fig. 7 shows the volume flow of the calculated operating
points. The mean deviations between simulated and calcu-
lated results are 14.6% for the proposed model and 24.7%
for the model detailed in [6].

Fig. 8 depicts the expected thermal resistances if the
operating points are determined based on the pressure drop
versus volume flow characteristics obtained by means of
FEM simulations in order to facilitate a separate inspection
of the results achieved with the analytical thermal model
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of Section II-A. The mean deviations between simulated
and calculated results are 9.9% for the proposed model and
45.7% for the previous model [6].

Fig. 9, finally, compares the expected thermal resistances
of the combined hydrodynamic and thermal models. The
mean deviations are 15% for the proposed model and
30.3% [6].

IV. COOLING SYSTEM OPTIMIZATION

A. General Constrained Optimization Procedure

The algorithm of the optimization procedure, illustrated in
Fig. 10, yields a minimum weight cooling system and, ad-
ditionally, satisfies design and manufacturability constraints.
Its main input parameters are a list of considered fans, the
required base plate area Aps and the maximum allowable
thermal resistance of the cooling system,

Ths,max - Tamb,max

) (25)

Rth,S—a,max - P
loss,max

with maximum base plate temperature of the heat sink,
Thsmax» Maximum ambient temperature specified, Tymp max.
and maximum thermal flux transmitted to the heat sink’s
base plate, Plogs max-

The thickness of the base plate is set to the minimum
possible value in order to achieve a low weight of the heat
sink. In this work the minimum thickness is d = 3mm in
order to facilitate sufficient mechanical stability and depth
for the M3 threads that are needed to mount the components
onto the heat sink. Despite the thin base plate, a constant
and homogeneous temperature Ti,max all over the surface
of the base plate is considered, due to the high thermal
conductivity material, i.e. Aluminum, employed. Moreover,
the components mounted to the heat sink are assumed to
cover large parts of the available surface, as shown in
Figs. 13(a) and (b), in order to achieve a well-balanced
distribution of the thermal flux across the surface of the base
plate. The procedure detailed in [6] sets the height, c+d, and
the width b of the heat sink equal to height and width of the
fan employed, the air duct, however, allows for a variable fin
length ¢ and adds an additional degree of freedom. The total
area requirement of all components and the arrangement on
the base plate of the heat sink, defines the length of the heat
sink, L = Apg/b.

Thus, the variables remaining for optimization are: the
number of channels, n, the fin thickness, ¢, and the fin length,
¢, which are constrained by the manufacturing technology
available. The presented cooling systems are manufactured
with CNC-machines and, thus, a minimum fin thickness of
1mm and a minimum channel width, s, of 1 mm apply.

In an initial step, the optimization procedure selects a list
of fans. The fan list consists of fans with equal width and
contains the fan’s width, height, weight, and pressure drop
characteristic. Further the geometry parameters defined by
the fan, i.e. b and L are set. In a second step, an outer loop

| Cooling System specifications: 7, T, P, A, |

hs.max> £ amb.max> £ loss.max>
|Ahs' |

Design choices: fanlist, b, d, L. |

Design of k-th heat sink: sweep n, ¢, c. (26)-(28) |

_§ S |Calculate heat sink impedance: Ap, (V) (13)|
2| 3 !

2 i [ »  Calculate Operating Point:

o

= | = |[select Apu(V)-Bpu(V)=0=>V

Z2| 38 next !

Sl a Jan Calculate: R, ¢.(V) (2)

< ! Store solution: R, ., m, n, ¢, t.

!

| (optional) Select pareto optimal solutions: |

v

Select minimal weight cooling system >

that sattisfies: R, s, < Rysom

Fig. 10. Proposed cooling system optimization procedure for minimum
weight cooling system that satisfies Rins.a < Rih,S-a,max-

sweeps all possible heat sink geometries given by

b — tmi
1 < n < {mJ (26)
Smin tmin
b — nsmi
tmin S t = T][flm, (27)
Cmin < c < b—c, (28)

where cpin can be chosen arbitrarily. With the heat sink
and duct geometries defined, the hydrodynamic system
impedance characteristic Aptot(V) is calculated. An inner
loop calculates the operating point, of the fan, the resulting
thermal resistance R, 5.5, the weight mgg, of the particular
combination of heat sink and fan. The solutions are stored
in a solution database.

To reduce storage space of the solution database all
suboptimal solutions are excluded, i.e. exclude all solutions
which feature non minimal thermal resistance Ry,s., for a
given mass mcs. The algorithm, finally, picks that particular
entry of the result database, which features minimum weight
and satisfies Rpsa < Risamax- This entry represents the
optimal cooling system design (within the constraints and
accuracies resulting from the list of considered fans, cf.
Tab. I, and the accuracies due to limited resolutions of the
sweeps (27) and (28).

The bi-directional dc—dc converter of [2] requires three
cooling systems, one for the low voltage full bridge
(Rihs-amaxrs = 1.1 K/W), one for the medium voltage NPC
converter (R.s.amaxnec = 1.25 K/W), and one for the trans-
former and the inductor (R s-amax.u+inda = 0.46 K/W). The
minimum base plate areas for the full bridge and the NPC
converters are both Apsminrs = Ahsminnee = 2400 mm?,
the minimum base plate area for inductor and transformer is
Ahs mingr+in = 3200 mm?. Tab. II summarizes the respective
optimization results.
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TABLE 1
40 mm X 40 mm AXIAL FANS CONSIDERED IN THE OPTIMIZATION.

Name W e aars R
GMO0504PEV2-8.GN 0.4 6 75 2.6 20.0
MC19660 0.5 6 75 2.8 25.0
BP402012H-W 1.9 20 40.0 4.0 51.7
1608VL-04W-B60-B00 1.6 20 40.0 54 99.3
412JHH 33 25 50.0 6.7 216.3
9L.0412J301 3.7 28  55.0 8.5 205.1
9GA0412P6G001 2.8 20 35.0 7.1 319.2
9GV0412P3K03 10.1 28  50.0 12.7 416.2
1611FT-D4W-B86-B50  11.4 28  49.0 13.8 736.9
1619FT-04W-B86-B50 12.6 48  71.0 14.1 800.0
TABLE II

OPTIMIZATION RESULTS. (d = 3mm, ¢t € [l mm, 2mm]|, 6t = 0.1 mm,
cvin = 10 mm)

MYV side NPC LV side tb Transformer and ind.
RihSamax 1.20 K/W 1.10K/W 0.46 K/W
Rips-a 1.241 K/W 1.097TK/W 0444 K/W
Mes 6lg 65g 116 g
n 8 8 11
c 17 mm 20 mm 17 mm
fan MC19660 MC19660 9GA0412P6G001
L 60 mm 60 mm 80 mm
b 40 mm 40 mm 40 mm
t 1 mm 1 mm 1 mm

B. Optimal Fin Length

The cooling system of Fig. 3(b) adds an air duct between
the fan and the heat sink and, thus, allows a variable fin
length of the heat sink. An air duct built of light weight
materials can be beneficial, because a reduction of the fin
length reduces the weight of the heat sink, decreases the
average thermal resistance of the fin, Ry 5y, and increases
the velocity of the air inside the channels, which, in turn
increases the transfer coefficient i between the Aluminum
channel walls and the air. A reduction of the fin length,
however, reduces the effective surface of the fin, which
counteracts the decrease of the thermal resistance between
the fin and the air. The air duct, finally, causes an additional
pressure drop and a slight increase of the total weight and
volume of the heat sink system. With the model the impact
of the air duct can be easily analyzed.

Fig. 11 depicts the total weights of optimized cooling
systems with Ap; = 40 mm x 60 mm, ¢y, = 37 mm for 4
different fans and different values of R s.amax; St€ps occur
in the plots as a result of the discrete number of channels,
n. According to these results, the low power fans (MC19660
and GMO0504PEV2-8.GN) yield lighter cooling systems for
Rins-amax > 0.5K/W due to the lower weights of the fans.
These fans, however, fail to realize cooling systems with low
thermal resistances, i.e. no solutions result for R s-amax <
0.5K/W, due to limited air flow capabilities. The fans
9GA0412P6G001 (Prn = 2.76 W) and 1611FT-D4W-B86-
B50 (Pran = 11.4 W) cause the total weight to increase for
Rinsamax > 0.6 K/W and are, thus, better suited for low
maximum thermal resistances, Rins.amax < 0.6 K/W.

Fig. 12 shows the total weights of the same cooling
systems with the optimal fin lengths being selected. The

200
1611FT-D4W-B86-B50 (P,, = 11.4W, m,, = 49g)
7 9GA0412P6G001 (P,, = 2.76W, m,, = 35g)
MC19660 (P,, = 0.5W, m,, = 7.5g)
o 144 | —
< GMO504PEV2-8.GN
E'f (P, = 0.4W, m;,, = 7.5¢)
116 [—
8 opt. design
for: R, ;.= 0.4K/W
60 l l l | | I I l
0 02 04 06 038 1 1.2 14 16 18
Riysam | (KIW)
Fig. 11.  Optimization results for R samax € [0, 1.8] K/W considering

4 fans, Aps = 40 mm x 60 mm, d = 3 mm, and fin length constrained to
¢ = 37mm.
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1611FT-D4W-B86-B50 (P,, = 11.4W, m,, = 49g)
1 9GA0412P6G001 (P, = 2.76W, m,, = 35g)
MC19660 (P, = 0.5W, m,, = 7.5g)
o 144 | —
- GMO0504PEV2-8.GN
E‘m" (P, = 0.4W, m, = 7.5g)
116 — —
for: R, ;.= 0.4K/W
60 l l l | | { | |
0 02 04 06 08 1 1.2 1.4 16 1.8
Ry ame | (KIW)
Fig. 12. Optimization procedure results for Ry samax € [0,1.8] K/W

considering 4 fans, Aps = 40 mm x 60 mm, d = 3mm and fin length
optimization.

extended cooling system model clearly indicates the com-
bination of heat sink and fan, which results in the minimum
weight cooling system, e.g. the 9GA0412P6G001 fan is
the optimal combination for 0.35K/W < Rpsamux <
0.65K/W. A comparison of Figs. 11 and 12 reveals the
weight reduction achievable with the extended cooling sys-
tem model, e.g. for Rinsamax = 0.5 K/W the total weight
is reduced by 14 % (97 g instead of 113 g).

V. EXPERIMENTAL RESULTS

Twelve experimental cooling systems were used to verify
the theoretical considerations presented above. The twelve
cooling systems consist of three different heat sinks featuring
the same base plate thicknesses, d = 3 mm, and fin breaths,
t = 1mm. The heat sinks differ in length, fin length
and number of channels {L,c¢,n} ={{80mm, 37 mm, 13},
{60mm, 37 mm, 8}, {60 mm, 25 mm, 9}}. The thermal re-
sistances of each heat sink are measured in combina-
tion with 4 different fans (GM0504PEV2-8.GN, MC19660,
9GA0412P6G001, 1611FT-D4W-B86-B50) to obtain twelve
cooling systems.
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Fig. 13. Pictures of the realized cooling systems. T} indicates the location
for the temperature measurement.

Four 1002 resistors are mounted to the base plates of
each heat sink in order to provide defined heat fluxes. The
base plate temperatures, T}, are measured at the surfaces as
indicated in Figs. 13(a) and (b) with type K thermocouples.
The cooling system is mounted on a hollow card board box
and covered with thermally insulating material to reduce
measurement errors due to heat conduction to the supporting
table, natural convection, and radiation.

Fig. 14 summarizes the results obtained from measure-
ments, FEM simulations, the proposed analytical model, and
the model detailed in [6]. The mean deviations are 19.5% for
FEM, 8% for the new model and 58% for the model of [6].
The measurement results demonstrate an excellent matching
of calculated and measured results for the realized cooling
systems, in particular in comparison to FEM simulation re-
sult accuracies. With comparable accuracies of an analytical
model and FEM simulation results, the great difference only
lies in the computational time, where an analytical model
will produce a result within seconds on a personal computer
and FEM simulations may require hours to produce the same
results.

15 1 1 1 1
T T 1T LT T 1T S5
>< proposed
3 — model in [6] H
S~
sz 1 o o i [*3 € measurement
52 | g x [ _
—_ o
g 4 ° 2
£ 05 % O & = X %
= [ E 3 & & ]
0 AN [ I N B
1 2 3 4 5 6 7 8 9 10 11 12
Measurement Nr
Fig. 14.  Comparison of measurements (black diamonds) to the results

obtained from FEM simulations (blue dots), the cooling system model given
in [6] (green stars) and proposed cooling system model (red crosses).

VI. CONCLUSION

This Paper presents a weight optimization procedure for
forced convection cooling systems that are composed of an
extruded fin heat sink and a fan. It details the optimization
of the number of air channels employed and the heat sink’s
fin thickness and length with respect to minimum weight.
Furthermore, the selection of a suitable fan, which yields
minimum total weight of the cooling system, is presented.

An analytical cooling system model is detailed and compared
to the results obtained from FEM simulations and from an
existing cooling system model detailed in [6].

The presented experimental results document the effective-
ness of the proposed cooling system model and optimization
procedure. A comparison of a selected experimental cooling
system with Ryps, = 0.98K/W and m.s = 75¢g to com-
mercially available products, of equivalent thermal resistance
Rihsa =~ 1K/W, e.g. miniature cooling aggregate LAM 4
with heat sink dimensions of 40 mm X 40 mm X 60 mm and
total weight m.s = 157 g, reveals a weight reduction of 52 %.
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