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Abstract

OMPONENTS in microelectronics are continually becoming smaller, a trend
C expected to persist into the future. This necessitates the advancement of
fabrication methods, including state-of-the-art deep ultraviolet (DUV) lithog-
raphy systems that etch features at the nanometer scale. DUV lithography
systems commonly employ pulsed gas discharge excimer lasers as their light
sources. The laser’s pulse rate, the scanning speed of the lithography system,
and consequently the chip throughput are constrained by several factors.
Among these is the performance of the cross-flow fan (CFF), which is respon-
sible for the continuous circulation of the excimer gas within the laser tube,
since the gas in the discharge area between the electrodes must be replaced
before the next laser pulse can be created.

State-of-the art CFFs are levitated and rotated inside the laser chamber
using conventional magnetic bearings and an additional drive motor, offer-
ing advantages such as no lubricants, no friction and wear, and a hermetic
encapsulation of the highly corrosive gases. However, these bearings come
with several limitations such as requiring significant space and components,
facing performance constraints and high torsional loads due to asymmetric
drive torque generation, and involving complex air gap geometries and rotor
encapsulations. These factors contribute to challenging and costly safety
measures, as well as complicated maintenance and installation processes.

This doctoral thesis presents a bearingless CFF for this type of industrial
application to address these limitations. The bearingless motor technology,
which combines bearing force and drive torque generation in one unit, allows
to create a compact, easy hermetically sealable, and conveniently maintain-
able drive system. By employing identical bearingless motors on both rotor
sides, the CFF can achieve high rotational speeds with minimal torsional
loads to enhance fluid dynamic performance and thereby increase the overall
performance and throughput of such lithography system.

The objectives of this thesis include designing, analyzing and optimizing
the bearingless CFF system to achieve high-speed and high-performance
operation. This involves evaluating the rotor dynamics and fluid dynamics as
well as assessing the impact on the magnetic bearing.

Several designs are investigated using numerical models and experimental
measurements to explore the crucial trade-off between rotor dynamic aspects,
such as mechanical strength and vibration modes, and fluid dynamic aspects,
such as pressure and fluid flow. The lab-scale prototypes feature CFF blades
measuring 600 mm in length and 60 mm in outer diameter, and are tested
with air under ambient pressure.
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Abstract

A high-stiffness prototype is realized, resulting in stable operation up to
12 000 rpm with a maximum flow rate of ca. 1450 m3/h and pressure increase
of ca. 580 Pa, depending on the operating point. Furthermore, a prototype
preferred from the fluid flow perspective is commissioned, reaching rotational
speeds of up to 5500 rpm with a maximum fluid flow rate of ca. 1600 m*/h and
pressure increase of ca. 220 Pa . The excitation of the first bending resonance
frequency emerges as the speed-limiting factor for both prototypes.

To overcome the performance limitations imposed by the bending reso-
nance frequency, a novel decoupled bearingless CFF rotor capable of operating
at supercritical speeds, i.e. beyond the first bending resonance frequency, is
proposed. The novel rotor design includes mechanical decoupling elements
that mitigate detrimental deformations and enable operation in the super-
critical speed region, thereby increasing the maximum achievable rotational
speed and fluid dynamic performance. It is demonstrated, that this approach
allows the CFF to pass resonance frequencies without blade damage, enabling
stable operation at 7000 rpm in the supercritical speed region due to the self-
centering effect of the rotor. This represents a 40 % increase in rotational
speed, resulting in a measured 28 % higher fluid flow and a 100 % higher static
pressure increase compared to the CFF without decoupling elements.

To further increase the fluid dynamic performance of the bearingless
CFF, this work conducts a CFD-based optimization of both rotor and static
casing wall modifications, validated through various commissioned proto-
types. It aims to enhance the mechanical stiffness of the rotor by integrating
reinforcing shafts, shifting the speed-limiting bending resonance to a higher
frequency, thus allowing for higher rotational speeds. Despite the highest
achieved increase of rotational speed of 42 % through a stiffness-reinforcing
central shaft, the fluid flow decreases by 61 % due to flow obstructions induced
by the reinforcing shaft. For all tested stiffened prototypes, the loss in fluid
flow outweighs the gain in rotational speed. Optimizing the casing walls to
reduce fluid dynamic losses, however, resulted in a 22 % increase in maximum
fluid flow, measuring 1800 m> /h at 5000 rpm .

Overall, this thesis provides comprehensive analyses and optimizations
of bearingless CFF designs, advancing the capabilities for high-speed, high-
performance industrial applications. The findings contribute significantly to
the understanding and development of next-generation bearingless CFFs.
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Kurzfassung

AUTEILE in der Mikroelektronik werden kontinuierlich kleiner, ein Trend,
der voraussichtlich auch in Zukunft anhalten wird. Dies erfordert die
Weiterentwicklung von Fertigungsmethoden, einschliesslich hochmoderner
Deep-Ultraviolett-(DUV)-Lithographiesysteme, die Strukturen im Nanometer-
bereich dtzen. DUV-Lithographiesysteme verwenden tiblicherweise gepulste
Gasentladungseximerlaser als Lichtquellen. Die Pulsrate des Lasers, die Scan-
geschwindigkeit des Lithographiesystems und folglich der Chipdurchsatz
werden durch mehrere Faktoren begrenzt. Einer dieser Faktoren ist die Leis-
tung des Querstromliifters (QSL), der fiir die kontinuierliche Zirkulation des
Excimergases innerhalb der Laserkammer verantwortlich ist, da das Gas im
Entladungsbereich zwischen den Elektroden vor dem néchsten Laserpuls
ausgetauscht werden muss.

State-of-the-Art QSLs werden innerhalb der Laserkammer mittels kon-
ventioneller Magnetlager und einem zusétzlichen Antriebsmotor schwebend
gelagert und rotiert, was Vorteile wie keine Schmierstoffe, keinen Verschleiss
und eine hermetische Einkapselung der hochkorrosiven Gase bietet. Diese
Lager haben jedoch mehrere Einschriankungen, wie erheblichen Platz- und
Komponentenbedarf, Leistungseinschrankungen und hohe Torsionsbelas-
tungen aufgrund asymmetrischer Drehmomenterzeugung sowie komplexe
Luftspaltgeometrien und Rotoreinkapselungen. Diese Faktoren fithren zu
anspruchsvollen und kostspieligen Sicherheitsmassnahmen sowie zu kompli-
zierten Wartungs- und Installationsprozessen.

Diese Dissertation stellt einen lagerlosen QSL fiir diese Art von Indus-
trieanwendung vor, um die vorstehend genannten Einschrinkungen zu iiber-
winden. Die lagerlose Motortechnologie, welche Lagerkraft- und Antriebs-
momenterzeugung in einer Einheit kombiniert, ermdglicht die Schaffung
eines kompakten, leicht hermetisch versiegelbaren und einfach wartbaren
Antriebssystems. Durch den Einsatz identischer lagerloser Motoren auf beiden
Rotorseiten kann der QSL hohe Drehzahlen bei minimalen Torsionsbelastun-
gen erreichen, was die stromungsdynamische Leistung verbessert und somit

die Gesamtleistung und den Durchsatz eines solchen Lithographiesystems
erhoht.

Die Ziele dieser Arbeit umfassen das Entwerfen, Analysieren und Opti-
mieren des lagerlosen QSL-Systems, um einen Hochgeschwindigkeits- und
Hochleistungsbetrieb zu erreichen. Dies beinhaltet die Bewertung der Rotor-
dynamik und Stromungsdynamik sowie die Untersuchung der Auswirkungen
auf das Magnetlager.
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Kurzfassung

Mehrere Designs werden mithilfe numerischer Modelle und experimen-
teller Messungen untersucht, um den entscheidenden Kompromiss zwischen
rotordynamischen Aspekten wie mechanischer Festigkeit und Schwingungs-
modi sowie stromungsdynamischen Aspekten wie Druck und Durchfluss zu
erforschen. Die Laboraufbauten der Prototypen haben QSL-Schaufeln mit
einer Lange von 600 mm und einem Aussendurchmesser von 60 mm und
werden mit Luft unter Umgebungsbedingungen getestet.

Ein Prototyp mit hoher Steifigkeit wird realisiert, der einen stabilen Be-
trieb bis zu 12 000 rpm mit einer maximalen Durchflussrate von ca. 1450 m? /h
und einem Druckanstieg von ca. 580 Pa, je nach Betriebspunkt, erméglicht.
Dariiber hinaus wird ein aus stromungstechnischer Sicht bevorzugter Pro-
totyp in Betrieb genommen, der Drehzahlen von bis zu 5500 rpm mit einer
maximalen Durchflussrate von ca. 1600 m®/h und einem Druckanstieg von
ca. 220 Pa erreicht. Die Anregung der ersten Biegeeigenfrequenz erweist sich
als geschwindigkeitsbegrenzender Faktor fiir beide Prototypen.

Um die durch die Biegeresonanzfrequenz auferlegten Leistungsbeschran-
kungen zu iberwinden, wird ein neuartiger entkoppelter lagerloser QSL-Rotor
vorgeschlagen, der in der Lage ist, bei tiberkritischen Geschwindigkeiten zu
arbeiten. Das neuartige Rotordesign umfasst mechanische Entkopplungsele-
mente, die schadliche Verformungen abmildern und den Betrieb im tiber-
kritischen Geschwindigkeitsbereich erméglichen, wodurch die maximal er-
reichbare Drehzahl und die stromungsdynamische Leistung erh6ht werden.
Es wird gezeigt, dass dieser Ansatz ermdglicht, Resonanzfrequenzen ohne
Schaufelschdden zu passieren und einen stabilen Betrieb bei 7000 rpm im
iberkritischen Geschwindigkeitsbereich durch den selbstzentrierenden Ef-
fekt des Rotors zu gewihrleisten. Dies stellt eine Erh6hung der Drehzahl um
40 % dar, was zu einem gemessenen 28 % héheren Durchfluss und einem 100 %
hoéheren Druckanstieg im Vergleich zum QSL ohne Entkopplungselemente
fuhrt.

Um die stromungsdynamische Leistung des lagerlosen QSL weiter zu
erhohen, wird eine CFD-basierte Optimierung sowohl der Rotor- als auch der
statischen Gehdusewandmodifikationen durchgefiihrt, die durch verschiedene
in Betrieb genommene Prototypen validiert wird. Ziel ist es, die mechanische
Steifigkeit des Rotors durch die Integration von Verstarkungsschéften zu
erhohen, um die geschwindigkeitsbegrenzende Biegeresonanzfrequenz zu
einer hoheren Frequenz zu verschieben und somit héhere Drehzahlen zu er-
moglichen. Trotz der hochsten erreichten Drehzahlerhéhung von 42 % durch
einen steifigkeitsverstarkenden Zentralschaft, verringert sich der Durchfluss
aufgrund von Strémungshindernissen, die durch den Verstarkungsschaft
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verursacht werden, um 61 %. Bei allen getesteten verstirkten Prototypen tiber-
wiegt der Verlust an Durchfluss den Gewinn an Drehzahl. Die Optimierung
der Gehdusewénde zur Reduzierung stromungsdynamischer Verluste fithrt
jedoch zu einer 22 %-igen Erhohung des maximalen Durchflusses, wobei bei
5000 rpm 1800 m®/h erreicht werden.

Insgesamt bietet diese Dissertation umfassende Analysen und Opti-
mierungen von lagerlosen QSL-Designs, welche die Leistungsfahigkeit fir
Hochgeschwindigkeits- und Hochleistungsanwendungen in der Industrie
vorantreiben. Die Ergebnisse tragen wesentlich zum Verstindnis und zur
Entwicklung von lagerlosen QSL der nichsten Generation bei.
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Introduction

HE trend of increasing functionality while shrinking the feature size of
T advanced integrated circuits, as predicted by Moore’s Law [1], requires
ongoing miniaturization of components in microelectronics. This in turn
drives the need for increasingly sophisticated fabrication methods such as
improved lithography tools. Highly specialized laser modules, such as short-
wavelength deep ultraviolet (DUV) lithography systems, are used to create
nanometer-scale features [2—5]. Meeting the technical and economic require-
ments of fast large-scale production, is closely tied to the performance of
these laser modules determined by their power input, repetition rates but also
their reliability. The main microlithography requirements are summarized
in Tab. 1.1 in terms of industry requirements, technology demands and the
resulting specifications of the laser module [6-10].

Tab. 1.1: Microlithography requirements.

Industry requirement Technology demand Laser specification
Shorter wavelength 248 nm (KrF) - 193 nm (ArF)
Higher resolution . . Narrow spectral bandwidth
Higher numerical apertures e
Wavelength stability
High repetition rate
Higher throughput Faster scan speed High average laser power

Good energy dose control
Stability of laser parameters

High yield Tight process control On-board metrology
Maintenance Maintainability
Reduced running cost Long lifetime Long module lifetime

High uptime High reliability




Chapter 1. Introduction

Argon fluoride (ArF) or krypton fluoride (KrF) excimer lasers are typically
used as the DUV lithography light source [11-15]. The main components of
the excimer laser chamber are the electrodes for the electrical discharge, heat
exchangers to remove excess heat from the conversion between electrical
input power and optical output power, and a cross-flow fan (CFF) with a
diameter of up to 150 mm and a length of up to 1500 mm [8, 16-19]. The
primary task of the CFF is the forced circulation of the laser gas over the
entire length of the electrodes. This circulation allows for the continuous
renewal of the laser gas between the electrodes, removes unwanted discharge
products, and maintains a high flow rate through the heat exchangers required
for the high frequency pulsed laser operation [7, 8, 20]. Due to the highly
corrosive and toxic nature of excimer gases, particularly fluorine, it is crucial
that the system is absolutely hermetically sealed. Since the gas mixture in
the discharge region between the electrodes must be replaced before the next
laser pulse can be generated, the maximum achievable repetition rate, and
thus, the laser’s throughput, depends directly on the flow rate generated by
the CFF [21]. This relationship is described by the flow-clearing ratio, C:

=37

where v is the gas flow velocity between electrodes, w is the discharge width
of the electrodes, and f is the repetition rate of the laser [7,22]. Clearing
ratios of

C

(1.1)

Chin >2-3 (1.2)

are required to enable the successful generation of the next laser pulse [7,8].
The throughput P,y is then calculated from the energy per pulse Epys. and
the repetition rate f as

Pout = Epulse ’ f (1~3)

Hence, the throughput, and thus the scanning speed of the system, is, among
other factors, limited by the performance of the CFF contained in the laser
(6. 23].

The state-of-the-art in this type of DUV excimer laser is the implementa-
tion of magnetically supported CFFs. The pioneering patent for a CFF active
magnetic bearing system in excimer lasers dates back to 1997 [24], aiming to
increase the pulse repetition rate of gas discharge lasers by achieving higher
fan speeds through magnetic bearings and more powerful motors, thereby
replacing the previously used mechanical ball bearings. The introduction
of magnetic bearings has brought several advantages. Magnetic bearings
2



extend the operational lifespan of the bearings, require less maintenance
and by eliminating the presence of lubrication, significantly reduce potential
contamination sources. Additionally, active control of the rotor position via
magnetic bearings helps manage and eliminate certain vibration modes and
enables to operate CFFs in a periodically cycled mode when necessary, to
improve gas mixing within the laser chamber. Ultimately, magnetic bearings
allow to operate the CFF at higher rotational speeds. Several patents for
active magnetic CFF bearing systems in excimer lasers followed [25-29].

Despite these advantages, conventional magnetic bearing systems for
excimer lasers still face certain limitations:

> High space and component requirements: at least two radial bearings
and one axial bearing are required to fully stabilize the rotor, alongside
a motor to generate the drive torque (see Fig. 1.1 (a)).

> Performance constraints: the one-sided drive torque generation limits
the performance and leads to high torsional loads, reducing the lifespan
of the fan system. The risk of torsional vibrations exacerbates this issue.

> Design and safety limitations: the complex air gap geometry and rotor
encapsulation (highlighted in Fig. 1.1 (a)) limit design compactness and
safety and make installations and maintenance of these systems very
inconvenient.

This dissertation proposes and investigates a bearingless CFF for the pre-
sented excimer laser application, aimed at overcoming the state-of-the-art
limitations. With bearingless motors as shown in Fig. 1.1 (b), the drive and
magnetic bearing are integrated into one compact unit, which maximizes
the air gap, thereby allowing for a simple hermetic sealing structure and
better insulation [30-34]. This design reduces space requirements compared
to conventional magnetic bearings, now replaced by two compact bearingless
motors. Furthermore, drive torque is available on both CFF rotor sides, with-
out requiring additional space or components. By that, high drive power for
enhanced speed and performance is available, at minimal torsional loads and
torsional vibrations. The bearingless CFF concept allows for a highly compact,
hermetically sealed placement of the motors outside the laser chamber. This
contributes to improving the safety standard, simplifying new installations
and reducing costly maintenance work, and increasing the lifetime of the gas
circulation system in an excimer laser.
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Fig. 1.1: CFF levitated and rotated (a) by a magnetic bearing system including two
radial magnetic bearings, one axial magnetic bearing, and a drive system [24] and (b)
by two bearingless motors.

1.1 Challenges

The implementation of a bearingless CFF comes with a number of challenges
across various aspects of the mechatronic system, as summarized in the
following list:

> Bearingless motor - coupling: to achieve both levitation and rotation of
the CFF blades, a sophisticated control structure is required to enable
two bearingless motors to synchronously control the shared CFF rotor.

> Bearingless motor - drive power: to achieve the desired high-speed and
high-performance CFF operation necessitates substantial driving power.
It has to be contributed by both bearingless motors simultaneously, to
minimize torsional loads to the CFF rotor.

> Bearingless motor - magnetic bearing: ensuring stable levitation and pre-
cise control of the rotor position in both bearingless motors is essential.



1.2. Aims and Contributions

This is particularly challenging as the magnetic bearing must withstand
rotor dynamic and fluid dynamic forces under varying operational
conditions.

> Rotor design: the CFF blades must be engineered to withstand high-
speed operation without incurring structural damage while simulta-
neously meeting stringent fluid dynamic requirements. This includes
ensuring optimal airflow and pressure characteristics to maintain per-
formance efficiency.

> Rotor dynamics: the CFF must be designed to avoid natural frequen-
cies that could resonate with operational speeds, causing excessive
vibrations and possible structural failure. The first bending resonance
frequency is particularly critical in this regard.

» Fluid dynamics: the fluid dynamic performance of the CFF must be
optimized through careful design of the CFF blades and static casing
walls. Currently, there is no general approach or analytical model to
accurately describe the aerodynamic characteristics and loss mecha-
nisms of CFFs, nor to precisely predict their performance. Therefore,
numerical methods are required for design and optimization.

> Multidisciplinary approach: the design and optimization of each aspect
of the bearingless CFF are highly interdependent. Trade-offs are in-
evitable, since design aspects, i.e. favorable from a fluid dynamics point
of view may not be favorable from a rotor dynamics design standpoint.

1.2 Aims and Contributions

The aim of this thesis is to introduce the concept of a bearingless cross-flow
fan, and to analyze and optimize it with regard to bearingless motor drive
and bearing functionality, as well as rotor and fluid dynamic performance,
for the proposed industrial application. A summary of the most relevant
contributions is provided in the following list:

> The bearingless CFF is implemented for the first time in this research
project. The proposed system enables the levitation of the CFF rotor
using two bearingless motors, each with an independent bearing force
control structure. Additionally, it allows for the CFF rotation where each
motor contributes half of the required drive torque, evenly distributing

the load.
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1.3

A novel bearingless CFF rotor is presented that operates above its
critical bending resonance frequency, i.e. at supercritical operation.
This shifts the next speed-limiting resonance to higher frequencies,
allowing the CFF to operate at increased rotational speeds and thereby
enhancing its fluid dynamic performance.

Several measures are proposed to increase the CFF’s mechanical stiff-
ness, enabling its operation at higher rotational speeds. These measures
include evaluating the manufacturability of the CFF and exploring var-
ious configurations of reinforcing mechanical shafts.

The trade-off between stiffness increasing measures and the resulting
influence on fluid dynamic behavior is studied by means of numerical
simulations and experimental measurements. This results in several
different prototypes aimed for the high-speed and high-performance
operation of CFFs.

Design optimizations for the CFF static casting walls are proposed,
resulting in increased CFF fluid dynamic performance without altering
the rotor or the bearingless motor. These insights can be applied to
CFFs beyond the proposed application.

List of Publications

Key insights presented in this thesis have already been published in interna-
tional scientific journals, conference proceedings, or presented at workshops.
The publications created as part of this thesis are listed below.

1.3.1 Journal Papers

>

L. Bagaric, D. Steinert, T. Nussbaumer and J. W. Kolar, “CFD Based Opti-
mization of High-Speed and High-Performance Bearingless Cross-Flow
Fan Designs,” Machines, vol. 12(8), no. 513, July 2024. DOL: 10.3390/ma-
chines12080513

L. Bagaric, D. Steinert, T. Nussbaumer and J. W. Kolar, “Supercritical
Operation of Bearingless Cross-Flow Fan,” Machines, vol. 12(4), no. 223,
March 2024. DOI: 10.3390/machines12040223

L. Bagaric, R. Hu, D. Steinert, T. Nussbaumer and J. W. Kolar, “Compar-
ative Evaluation of High-Speed Bearingless Cross-Flow Fan Designs
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for Lithography Excimer Lasers,” Machines, vol. 11(6), no. 611, June 2023.
DOI: 10.3390/machines11060611.

1.3.2 Conference Papers

» I Bagaric, D. Steinert, T. Nussbaumer and J. W. Kolar, “Concept of a
Novel Bearingless Three-Pole Motor for Two-Sided Driven Applica-
tions,” in Proc. of the z4th International Conference on Electrical Machines
and Systems (ICEMS), Gyeongju (virtual), Korea, October 2021. DOI:
10.23919/ICEMS52562.2021.9634649.

» 1. Bagaric, D. Steinert, F. Wassmer, T. Holenstein, T. Nussbaumer and
J. W. Kolar, “Design and Characterization of a Bearingless Cross-Flow
Fan,” in Proc. of the IEEE/ASME International Conference on Advanced
Intelligent Mechatronics (AIM), Delft (virtual), Netherlands, July 2021.
DOI: 10.1109/AIM46487.2021.9517520.

1.4 Thesis Outline

According to the goals and contributions mentioned above, the content of the
thesis is divided into three main chapters and conclusions. All the chapters
can be read independently since the interdependencies have been reduced to
the strict minimum.

> Chapter 2 introduces the bearingless CFF and analyses the motor’s op-
erating principle in terms of the generation of bearing forces and drive
torque. Two rotor prototypes are presented, addressing the trade-offs
and intricate interactions among mechanical strength, manufactura-
bility, rotor dynamics, and fluid dynamic performance. The impact on
magnetic bearings and the limitations related to maximum achievable
speed are thoroughly investigated. The methods presented include
analytical descriptions as well as a FEM-based modal analysis of the
system’s dynamic behavior, development and validation of a Compu-
tational Fluid Dynamics (CFD) model, and the setup of a test rig for
conducting experimental measurements. The bending resonance fre-
quency emerges as the speed-limiting factor for the position control
of the bearingless motor as well as the CFF blades from a structural
perspective.

» Chapter 3 presents a novel CFF rotor design. The design incorporates
additional mechanical elements with low mechanical stiffness between
7
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the CFF blades and rotor magnets (required for the magnetic bearing).
This allows the rotor to pass the first bending resonance frequency
without structural damage of the CFF blades, enabling supercritical
speed operation. The influence of the decoupling elements’ stiffness
is thoroughly investigated by means of a mass-spring-damper (mkd-)
model and several commissioned prototypes with different decoupling
elements. The influence on the magnetic bearing is analyzed and the
self-centering effect of the rotor above the first bending resonance
frequency experimentally demonstrated. This CFF design approach
shifts the blade-damaging resonance to higher frequencies, allowing for
higher rotational speeds and thus higher fluid dynamic performance.

» Chapter 4 conducts a CFD based optimization of the CFF rotor and
static casing walls to enhance the fluid dynamic performance of bear-
ingless CFFs. The investigation explores design measures to increase
the mechanical strength of the CFF by introducing stiffness-enhancing
shafts, thereby shifting the critical bending resonance to higher fre-
quencies. Additionally, design adaptations of the static casing walls are
evaluated to reduce fluid dynamic losses, with a focus on the funda-
mental aerodynamics of the CFF. Higher rotational speeds are achieved
with stiffness-increasing shafts, but this comes at the expense of fluid
dynamic performance. Consequently, the loss in fluid dynamic perfor-
mance outweighs the benefits of increased rotational speed. However,
an optimized static casing wall structure is proposed, resulting in en-
hanced fluid dynamic performance, without altering the CFF rotor or
the bearingless motor.

» Chapter 5 concludes the thesis by recapitulating the results and con-
tributions and putting them in perspective with an outlook on future
work.

> Preliminary studies are conducted on the fundamental operating prin-
ciple of the novel bearingless cross-flow fan. Appendix A presents
the results on the design and characterization of a first bearingless
cross-flow fan demo prototype. Appendix B presents the results of a
theoretical investigation on a novel bearingless ultra-compact three-
pole motor topology for two-sided driven applications.



Comparative Evaluation of
High-Speed Bearingless Cross-Flow
Fan Designs for Lithography
Excimer Lasers

This chapters summarizes the most relevant findings regarding the concept,
design and realizations of two bearingless high-speed cross-flow fan designs,
as also published in:

» I Bagaric, R. Hu, D. Steinert, T. Nussbaumer and J. W. Kolar, “Compara-
tive Evaluation of High-Speed Bearingless Cross-Flow Fan Designs for
Lithography Excimer Lasers,” Machines, vol. 11(6), no. 611, June 2023.

Chapter Abstract

This chapter conducts a comparative evaluation of two bearingless cross-flow fan designs.
With identical bearingless motors on both rotor sides, it is possible to drive the cross-flow
fan symmetrically to high rotational speeds at low torsional loads. The rotor prototypes were
optimized, analyzed, and pushed to high-speed operation and evaluated with respect to their
rotor dynamic and fluid dynamic performance using finite element methods and experimental
measurements. For both prototypes, successful numerical studies were performed, where
a modal analysis enabled theoretical predictions of expected resonance frequencies, and a
CFD analysis visualized local flow effects and provided cross-flow fan design comparisons. A
stable operation of up to 12 000 rpm and 5500 rpm was accomplished for the two elaborated

| designs. |




Chapter 2. Comparative Evaluation of High-Speed Bearingless Cross-Flow
Fan Designs for Lithography Excimer Lasers

2.1 Introduction

Components in microelectronics have been becoming increasingly smaller,
and this trend will continue in the future. Complex fabrication methods
are needed to meet the evolving requirements of current state-of-the-art
microchips. Fig. 2.1 (a) shows a schematic of a deep ultraviolet (DUV) lithog-
raphy system used to burn in nanometer-scale features, that typically contains
an ArF or KrF excimer laser as its light source [13]. The throughput of these
lasers, and thus the scanning speed of the system, is, among other factors,
limited by the performance of the cross-flow fan (CFF) contained in the
laser [6,7,16,17,23]. This chapter conducts a comparative evaluation of bear-
ingless CFF designs for such applications. Two designs are analyzed in terms
of rotor dynamic and fluid dynamic performance using finite element methods
(FEM) and experimental measurements and pushed to high-speed operation.

The cross-section of such a laser is shown in Fig. 2.1 (b), where the main
components are electrodes for the electrical discharge, heat exchangers to
remove excess heat, and the CFF. The main task of the CFF is the continuous
renewal of the laser gas between the electrodes. Since the gas mixture in
the discharge region has to be replaced before the next laser pulse can be
generated, the maximum achievable repetition rate, and thus, the throughput
of the laser, depends directly on the flow rate generated by the cross-flow
fan [7]. High repetition rates f at moderate pulse energies Ep,ys. are demanded,
resulting in high scan speeds, good energy stability, and compact designs
[13]. Increasing the repetition rate leads to further improvements in these
properties, which can be accomplished by increasing the CFF’s rotational
speed, thereby increasing the flow velocity. This means that a high-speed
CFF is a direct enabler of improved laser performance. The microelectronics
industry, technology, and laser requirements are summarized in Fig. 2.1 (c).

The bearingless CFF concept was first presented by the authors in [35]
for a conceptual prototype up to 3500 rpm. The challenges in implementing a
bearingless high-speed and high-performance CFF lie particularly in the rotor
and fluid dynamic behavior, the influence on the magnetic bearing, and the
high power demand for the driving motors. The rotor has to be mechanically
designed for high speeds and high flows simultaneously, while the magnetic
bearing has to be able to withstand these forces. The goal of this chapter is
to design, optimize, and analyze two prototypes and to push them to high
rotational speeds. The rotor designs shall be evaluated in terms of rotor
and fluid dynamic behavior by means of FEM simulations and experimental
measurements within a constructed test rig.
10
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Fan Designs for Lithography Excimer Lasers

In Sec. 2.2, the bearingless motor and its operating principle are described.
Subsequently, two rotor prototypes, where one is a single-body aluminum
rotor with straight fan blades and the other is a multi-body stainless-steel
rotor with curved fan blades, are presented in Sec. 2.3 and are compared in
Sec. 2.4 with respect to their rotor dynamic behaviours. A detailed numerical
study of the fluid dynamic aspects of both rotors follows in Sec. 2.5. Finally,
the designed test rig and the experimental results are presented in Sec. 2.6.

2.2 Bearingless Motor Topology

The bearingless motor topology proposed for the high-speed and high-
performance CFF application is illustrated in Fig. 2.2 (a). Magnetic bear-
ing and drive forces are transmitted via a common iron circuit to the rotor,
which features a one-pole-pair permanent magnet on each side. Due to this
so-called temple design, the magnetic field is generated outside the rotor
planes, resulting in a very compact shape of the motor. The simple air gap
geometry enables a conveniently maintainable, compact, and hermetically
sealed implementation of the drives outside the laser chamber. The presented
concept with bearingless motors used on both sides is also characterized by
the high power available and low torsional load on the cross-flow fan blades.
The most important motor data are summarized in Fig. 2.2 (b).

The operating principle of the bearingless motor can be explained with
Fig. 2.2 (c),(d) and is described in detail in [36]. By applying equal currents
(in magnitude and sign) to opposite bearing coils (see Fig. 2.2 (d)), a two-
pole-pair stator field is created, which, together with the rotor field, generates
radial forces. By applying currents to opposite drive coils with the same
magnitude but opposite sign, a single-pole-pair stator field is generated, which
is 90° ahead of the rotor field. These tangential forces create a rotor torque.
Stabilization in the axial z-direction is achieved by passive reluctance forces
between the magnet and the surrounding iron yoke; hence, no additional
axial bearing is necessary.

Fig. 2.2 (c) shows how the control of a common CFF rotor via two bearing-
less motors has been implemented. Bearingless motor (BM) 1 and BM2 control
the bearing forces independently using a cascaded PID control structure. The
torque is generated by both motors by passing a reference torque current
from BM1 (“primary”) to BM2 (“secondary”), i.e., each motor contributes half
of the required drive torque, such that the load is evenly distributed. The
control of the drive phase currents is handled by each motor separately using
its own angular sensor system. The speed control is handled by BM1 through
12
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Fan Designs for Lithography Excimer Lasers

a PI controller. This means that high drive forces are available on both rotor
sides, which massively reduces torsional loads on the rotor.

For the intended high-speed application, the bearingless CFF system pre-
sented here is an ultra-compact, conveniently exchangeable and maintainable,
and safe option designed for high performance.

2.3 High-Speed Rotor Prototypes

The goal of this chapter is firstly to select CFF rotor designs that allow high
rotational speeds due to their high mechanical strength, that are manufac-
turable, and that generate high flow rates and to then investigate them by
means of FEM simulations and experimental measurements. The focus lies
on the rotor dynamic and fluid dynamic behavior. The challenge is to find
a trade-off between mechanical strength and fluid performance since, on
the one hand, designs that increase strength come at the expense of fluid
inlet area or disrupt the flow through the fan, resulting in a reduction in
fluid performance. On the other hand, thin fan blades allow for high fluid
performance, but from a mechanical point of view, they limit the achievable
rotational speed.

The two chosen prototypes are shown in Fig. 2.3, and their main mechan-
ical characteristics are summarized in Tab. 3.3. Prototype 1 (PT1) is a CFF
rotor milled from a full cylinder of aluminum, which is mechanically robust
and stiff. To limit the manufacturing complexity, the blade surface geometry
is kept straight, and the thickness of the individual blades is relatively high
at 1.4 mm, to the disadvantage of the fluid inlet area.

Tab. 2.1: Table with key parameters of the investigated CFF prototypes.

Prototype 1 Prototype 2

Material Aluminum  Stainless steel
Mass of CFF blades 890 g 740 g
Total length Lot 680 mm 680 mm
Fluid inlet length Lgy;q 400 mm 590 mm
Outer diameter d, 60 mm 60 mm
Inner diameter d; 44 mm 44 mm
Cross-sectional blade profile Straight Curved
Blade thickness 1.4 mm 0.5 mm

14
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Prototype 1 Prototype 2
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Fig. 2.3: Renderings of the investigated prototypes (PTs). Single-body PT1 consists of
1.4 mm thick, straight aluminum blades, and the multi-body PT2 consists of 0.5 mm
thin, curved, stainless-steel blades.

Having the same external dimensions, Prototype 2 (PT2) consists of in-
dividual 0.5 mm thin, curved, stainless-steel blades connected to separation
plates. While this design is advantageous for fluid performance, its mechani-
cal stiffness is heavily reduced, and some uncertainty occurs when modeling
the multi-body fan.

The selected PTs with respect to high-speed and high-performance appli-
cations were evaluated through simulations and experiments and compared
in terms of their rotor dynamic and fluid dynamic behavior. The applied
methods are described in detail in the next sections.

2.4 Rotor Dynamical Analysis

The rotor dynamic behavior of the system was investigated to achieve the
desired CFF speed range since the magnetic bearing can only handle forces
and allow displacements to a limited extent. The aim was to design a rotor
that is mechanically robust for high speeds and whose destabilizing dynamic
forces can be controlled by the magnetic bearing.

15
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2.4.1 Analytical Description

The Jeffcott rotor model was used for the mathematical description and ex-
planation of important rotor dynamic effects. This model of rotor dynamics
can be extended from a rigid, mechanically supported system to a two-sided,
magnetically levitated elastic rotor. For the investigated case of a two-sided,
magnetically levitated elastic CFF, the model of the Jeffcott rotor shown in
Fig. 2.4 (b) was used, which is explained in more detail in [37]. The model
consists of a disc with mass mg and mass eccentricity €, two magnets in the
magnetic bearing (MB) with mass mp, and a massless shaft with bending
stiffness kghafi. If the magnets in the MB are attributed their own degrees of
freedom wr (t) and wg(t) and the magnetic bearing is assumed to be rotation-
ally symmetrical, then the radial displacement of the bearing magnets rz(t)
and radial displacement of the geometric disc center rg(t) can be expressed

in a complex manner, as follows:
rr(t) = wr(t) + jor(t)
re(t) = wg(t) + jop(t).

(2.1)

This relationship is illustrated in Fig. 2.4 (a). The following equations of
motion are obtained for this system:

M {:E} +D {:E} +K {:E} = empQ? {ej:t} . (2.2)

The mass matrix M is composed of the disc mass mr and the two magnet
masses mp according to

_|mr 0
M= [ 0 ) ] . (2.3)
The damping

0 0
D:[o 2-D-ki] (2.4)

and stiffness matrices

Kshatt —kghatt ]
K= .
[_kshaft Kshaft + Z(P ki - ks) (2 5)

include the PD control parameters of the active magnetic bearing with
position-proportional feedback (P-element)

kbne + ks
p=_eTns gki (2.6)
16
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and velocity-proportional feedback (D-element)

D= 5 (2.7)
The parameters P and D are determined by setting appropriate values for
stiffness k and damping d of the closed-loop system [38]. Moreover, the
radial bearing stiffness (force/displacement factor) is represented by ks, and
the active bearing force constant (force/current factor) is represented by k;.
Introducing the abbreviations:

v=mpg/mg  mass of bearing magnet/mass of disc,
a = kpng/Kshatt = 2(P - ki — ks) /kshatt ~ relation between magnetic bearing,
kbng and elastic shaft stiffness kgpat,
b=2-D-ki/mg - Oyeficott related damping,

OJeficott = VKshatt/mr  reference frequency,
(2.8)

the eigenvalues of the homogeneous solution of the differential equation,
Eq. (3.3), can be calculated as a function of the stiffness ratio a. The detailed
derivation can be found in [37]. The most relevant conclusions about the
relationship between resonance frequencies and magnetic bearing stiffness
can be drawn from Fig. 2.4 (c) with exemplary values of v = 0.2 and b = 0.5.
For an elastic bearing with a < 0.5, the first natural frequency w; represents
the rigid body mode, and the second natural frequency w, represents that of
the free-free resonating shatft, i.e., the first bending resonance frequency. In
the middle part, w; and w, are two “elastic” vibrations. The case of 1/a ap-
proaching 0 represents a rigid bearing, with w; as the first bending resonance
frequency and w; as the vibration at which mp oscillates in a manner almost
not influenced by the shaft stiffness kspae on the magnetic bearing stiffness
P ki —ks.

In summary, two vibrational modes are derived with this model, whose
natural frequencies depend on the magnetic bearing stiffness. For the CFF
rotors investigated in this work, the Jeffcott assumption of the massless shaft
with an eccentric disc deviates from reality. Nevertheless, the lower rigid and
higher bending mode natural frequencies shown in Fig. 2.4 (c) are expected
to occur depending on the magnetic bearing’s stiffness. The Jeffcott model
enables the qualitative explanation of important rotor dynamic phenomena
for the case of an elastic rotor in active magnetic bearings. For quantitative
conclusions, a 3D FEM analysis was performed. In the next section, the

17



Chapter 2. Comparative Evaluation of High-Speed Bearingless Cross-Flow
Fan Designs for Lithography Excimer Lasers

(a) VB VR
! ! ¥y, Im
mR H H
;) ] e wgdo.....
[ {1 “®y
D | | D . WRA e . c
MB MB !
|vs 1R 1ws S
i
z, Re ot
v
(b)
Kshatt
% kbng kbng %
(c) w/wleffcolt

le— a — lla —>

Fig. 2.4: (a) Degrees of freedom of the two-sided magnetically levitated, elastic Jeffcott
rotor model. (b) Rendering of the elastic Jeffcott rotor model in a magnetic bearing
system. (c) Relationship of the system’s natural frequencies w; and wy with the
stiffness ratio a = kpng/kshaft, Where kpyg is the magnetic bearing stiffness and kghaft
is the shaft stiffness. In the region 0 < a < 1, the magnetic bearing is weaker than the
shaft, whereas in region 1 < 1/a < 0, the magnetic bearing is stiffer than the shaft. For
the elastic rotor at hand (0 << kghaft << ©0), @ = 0 means kp,ny = 0, which represents
a free—free-supported elastic rotor, whereas having 1/a = 0 means kp,g — co, which
represents a rigidly supported elastic rotor.
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implemented modal analysis is described, and a direct comparison of both
prototypes is drawn.

2.4.2 Simulated Modal Analysis

The goal of the modal analysis was to determine the system’s expected natural
frequencies up to the first bending resonance frequency. The radial position
of the proposed CFF system was controlled separately and independently
in BM1 and BMz2. In order to enable an assessment of this control method
for different vibration types, a modal analysis was, therefore, important to
estimate the expected resonance frequencies.

Modal analysis is, by definition, an analysis of linear dynamics based on
the equation of motion with unknown displacement, velocity, and acceleration.
It is assumed that in the equation of motion the external load equals 0 since
natural frequencies and mode shapes are independent of the load. In addition,
damping effects are neglected; hence, a free and undamped system is assumed,
resulting in the eigenvalue problem

(K-o;M) {¢}, = {o} (2.9)

with eigenvalues w; and eigenvectors ¢;. This system of equations is subjected
to the performed 3D FEM model to determine the mode shape {gﬁ}l and the
associated frequency f; = w;/(2r).

The Campbell diagrams resulting from the modal analysis are shown
in Fig. 2.5 (a) for PT1 and in Fig. 2.5 (b) for PT2; they show the expected
vibration modes and possible excitation orders up to the first bending reso-
nance frequency. The unbalance excitation is of the first order. Three types of
vibration modes are obtained, namely, the rigid body modes (cylindrical and
conical), the torsional mode, and the first bending mode. The natural frequen-
cies of the rigid body modes are given for both prototypes at speeds of about
1500-2000 rpm since these vibration modes are an interaction of the magnetic
bearing stiffness and the rotor inertia and both prototypes have nearly similar
masses (see Tab. 3.3) and the same magnetic bearing stiffness k;. The radial
bearing stiffness ks was determined by simulation to be ks = 20 N/mm.

The natural frequency of the torsional mode for PT1 lies between the
natural frequencies of the solid and the first bending mode. For PT2, the
torsional mode is just below the first bending mode.

The unbalance excitation of the first bending mode is expected to occur
at 16 000 rpm for PT1 and at 8000 rpm for PT2. This suggests a significantly
higher rotor stiffness of PT1 (kshaft pT1 > KshaftpT2), @s they have similar rotor
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masses. Additionally, the mode shape analysis shows that vibrational nodes
are not located at the rotor shaft ends where the active magnetic bearing
controls the rotor position for both PT1 and PT2. Therefore, the first bending
resonance frequency will cause radial displacements within the bearings and
thus be observable for the magnetic bearing in both prototypes.
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Fig. 2.5: Simulated Campbell diagrams of (a) PT1 and (b) PT2.

From the modal analysis, it can be concluded that rigid, torsional and
bending vibration modes can be excited in the targeted speed range and can
exert destabilizing forces on the magnetic bearing. The critical first bending
mode will lead to radial displacements in the magnetic bearing of PT1and PTz,
whereby the stiff design of PT1 shifts the excitation to significantly higher
speeds due to mass unbalance.
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2.5 Fluid Dynamic Analysis

The goal of this section is to gain an understanding of the fluid dynamic
properties of the CFF and the effects of design changes for the high-speed
speed range using CFD simulations.

From a fluid dynamic point of view, the CFF is characterized by its com-
plex, non-axisymmetric flow profile. It is defined by a double passage of air
through the rotating blades and the formation of an eccentric vortex within
the impeller [39-45]. In the literature, CFFs are referred to as “low-pressure
fans” or “velocity generators”, as they do not generate high static pressure [46].
Generally, the energy increase created by a fan can be expressed as the sum
of the increase in dynamic and static pressure

dynamic static
p
Aptheo = 3 [(cg - cf) + (W12 - w%) + (ug - ulz)] (2.10)

as the first form of Euler’s fluid machine equation, where ¢ is the absolute,
u the circumferential, and w the relative velocity. Since the geometric sum
of the circumferential and relative velocity gives the absolute velocity, the
second form of Euler’s fluid machine equation [46] is obtained as

Aptheo = p(Uz - Coy — Uy - C1u). (2.12)

For a CFF, the fluid inlet and outlet are at the same rotor diameter (u; = uy = u),
such that the theoretical pressure increase can be written as

Aptheo = p - U - Acy, (2.12)

where Ac,, is the theoretical velocity deflection for an infinite number of
blades. The total pressure increase is achieved by the deflection of the absolute
velocity. How the velocity deflection occurs depends strongly on the impeller
and casing geometry and is significantly influenced by the position, size, and
intensity of the resulting eccentric vortex [47-49]. Analytical models are not
able to accurately capture these aerodynamic features and loss mechanisms,
so characteristic pressure-flow curves cannot be predicted. There are no
conventional design procedures for CFFs; hence, the use of numerical methods
is essential.

Therefore, a 2D simulation model was implemented that is robust in terms
of numerical mesh and time step settings and provides a good compromise
between computation time and resolution. The CFD model is described in
the next section.
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Fig. 2.6: Summary of the conducted pre-processing, processing, and post-processing
steps for the development of the CFF CFD model.

+ Time step study

- BC study

2.5.1 Numerical Method

The challenge in developing the CFD model lies particularly in the physics of
the transient CFF flow. A sufficiently high resolution of the domain and the
numerical time step was needed to reproduce the CFF flow, which is strongly
dependent on the rotor and casing geometry. Furthermore, we determined
that a comprehensive mesh and time step convergence study of the transient
simulation should be conducted.

Fig. 2.6 summarizes the implemented steps for the creation and execution
of the CFD simulations. Due to the uniform flow profile along the length of
the CFF, cross-sectional planar 2D simulations were performed [48].

Three-dimensional effects are neglected due to the predominantly tan-
gential flow fields. Moreover, the air (in a first step at room temperature,
with a density p = 1.225kg/m? and viscosity p = 1.7894-107° kg/(m - 5)) was
modeled as incompressible since the expected Mach numbers are below 0.3
(subsonic) and the CFF generates low pressures. Only high-flow operating
points were simulated since the incompressible modeling of the air causes
strong pressure fluctuations at low-flow operating points and thus does not
represent the physical conditions well enough [48]. The sliding mesh method
was used as the calculation approach, and the k — «w SST model was used as
the turbulence model.

Several mesh configurations, N, have been evaluated according to Fig. 2.7
(a). The focus is placed on refinements in the rotating region, at the interface
between rotating and static domain, and at the walls in order to sufficiently
resolve velocity gradients. From mesh 4 onward, an independent and robust
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Fig. 2.7: Results of the (a) mesh and (b) time step sensitivity study.

mesh is obtained, with physical quantities remaining constant even with
further increases in grid size, N. Fig. 2.8 shows the discretized 2D domain in
the CFF region. Furthermore, the boundary conditions reflect the relationship
between the numerical simulation and the physical environment with a
velocity inlet condition v;, and a static outlet pressure of pgatout = 0Pa
(relative to the ambient pressure). By varying the velocity inlet condition,
different operating points can be simulated.

A detailed sensitivity study with respect to the numerical time step fpym
was performed, which is shown in Fig. 2.7 (b). It resulted in a speed-dependent
time step of 0.015 rotor turns, e.g., for 3000 rpm, the time step was set to
0.0003s.

In summary, the resulting 2D simulation model is robust in terms of
numerical mesh and time step settings and offers a good trade-off between
computation time and resolution. It can be used to simulate various rotor
geometries at different speeds and operating points.
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Fig. 2.8: Image of the resulting discretized domain in CFF region.

2.5.2 Results of Simulation

Fig. 2.9 (a) shows the velocity and pressure profiles resulting from the CFD
simulation for PT1, and those for PT2 are shown in Fig. 2.9 (b). The velocity
vectors show the inflow and outflow regions and the characteristic non-
axisymmetric flow profile of both PTs. As expected, the air passes each fan
blade twice, first as it enters the fan impeller and then again as it exits. The
eccentric vortex is shown in the pressure profiles for both PTs. Thus, the
implemented CFD simulation allows a successful visual representation of the
CFF pressure and flow characteristics. The comparison of straight (PT1) and
curved (PT2) blades show that at the same rotational speed and at a high-flow
operating point, the velocities at the outlet of PT2 are significantly higher.

Furthermore, Fig. 2.10 (a),(b) illustrates the absolute value of the static
inlet pressure versus the number of conducted numerical time steps (for the
same operating point as in Fig. 2.9 (a),(b)). This demonstrates a successful
convergence after approximately six turns, as a 360° rotation of the fan blades
corresponds to 66.67 time steps.

In Fig. 2.11 (a),(b), different operating points are simulated for different
speeds and compared with those experimentally determined (see Sec. 2.6). To
obtain the flow rate from the 2D simulation, the inlet velocity was multiplied
by the effective fluid inlet length (see Lgyiq in Tab. 3.3) and the height of the
channel (see hchannel in Sec. 2.6). For the high flow speed curves of PT2 in
Fig. 2.11 (b), the simulated and measured points agree very well. However, in
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Fig. 2.11 (a), it can be seen that the simulated speed curves of PT1 are higher
than the measured ones.

@
Inflow region 3000 rpm, 370 m3 /h Straight blade (PT1)
= /
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Outflow region Eccentric vortex

. 3
(b) Inflow region 3000 rpm, 780 m”/h Curved blade (PT2)
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0m/ sI -400 Pa
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-

Fig. 2.9: CFD-simulated velocity and pressure profile of (a) PT1 and (b) PT2 for a
high-flow operating point at 3000 rpm. The characteristic flow features are shown for
both PTs.

This deviation could originate from wall boundary conditions and loss
mechanisms that occur at the flow inlet and outlet of PT1, which consist of
several individual inlet surfaces in the axial direction but are not represented
in the planar 2D simulation. Furthermore, it could stem from manufacturing
tolerances as the CFF’s performance is strongly dependent on the slope of
the fan blades.

Different blade slopes have been simulated for the milled PT1 for a blade
thickness of 1.4 mm, as predefined by the manufacturing process. The simu-
lated high-flow operating points for a slope of 14°, 16° (PT1), and 18° are shown
in Fig. 2.12 (c). The velocity and pressure profiles for blades with a slope of
14° (steeper than PT1) are shown in Fig. 2.12 (a) and of 18° (flatter than PT1)
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Fig. 2.11: Comparison of the experimentally and simulatively determined pressure—
flow characteristics for PT1in (a) and for PT2 in (b).

in Fig. 2.12 (b). An influence of the blade angle on the velocity and pressure
distributions can be seen.

The simulations have shown that if the blade slope is too steep, there is a
higher impact pressure on the blades at the inlet side (pressure loss), resulting
in a reduced deflection of the absolute velocity on the outlet side. If the blade
slope is too flat, the air supply into the fan is blocked more on the inlet side,
which has negative consequences on the dynamic pressure supplied to the
flow on the outlet side. The geometry of PT1 resulted from iteratively varying
the slope of the blades for a given inner diameter dj, outer diameter d,, and
blade thickness tpt; and has shown the best flow characteristics for 16°.
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Fig. 2.12: Velocity and pressure profiles for straight blades with slope of (a) 14° and
(b) 18°. (¢) Simulative comparison of straight blades with three different slopes.
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2.6 Experimental Analysis

For the experimental CFF study, all measurements were performed with
air under ambient pressure. For other operating conditions, e.g., higher
gas density in an excimer laser chamber, a conversion would be possible
using the linear relationship between pressure difference and density as
APexcimer € Apair * Pexcimer/ Pair- 1he test rig that is shown schematically in
Fig. 2.13 (c) was designed, while an image of the entire high-speed bearingless
CFF system with PT1 is shown in Fig. 2.13 (a). The flow into the CFF was
guided through a 4.5 m long ventilation duct, with free flow exiting the CFF.
At the duct inlet, an exchangeable grid set the load curve, i.e., it defined
a certain operating point. A flow straightener then ensured that the flow
was directed and the velocity measurement was accurately measured by the
thermal flow sensor. The static pressure measurement took place before the
fan.

To investigate the velocity distribution in the ventilation duct, the velocity
was measured across the width at different locations. The velocity profile
can be seen in Fig. 2.13 (b). From this, the profile factor of the flow could be

calculated according to
Vavg
PF= —, (2.13)
Us
where v; is the velocity at the sensor in the center of the duct and v,y is the
mean velocity. The flow rate then resulted from multiplying vs by the profile
factor and the duct area with

Q =0 - PF - Achannel * Dchannel - (2-14)

For this test rig, a profile factor of 0.92 was obtained.

2.6.1 Position Measurements of Rotor Magnets

The magnetic bearing must be able to withstand the rotor and fluid dynamic
forces, as discussed in Sec. 2.4. The aim of these measurements was to de-
termine which maximum rotational speeds could be achieved with the in-
dependent position control structure of BM1 and BM2 and what the present
limitations were. The displacements of the rotor magnet in the magnetic bear-
ing were evaluated and were measured via built-in sensors in the bearingless
motor.
Fig. 2.14 (a) shows the measured radial displacements of the rotor magnet
for BM1 and BMz2 at different speeds of PT1, and those of PT2 are shown
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Fig. 2.13: (a) Image of the entire high-speed bearingless CFF system with PT1. (b)
Velocity profile measured with the flow sensor in the center of the ventilation duct
at different channel width positions. (c) Schematic of the designed test rig with inlet
grid, flow straightener, flow sensor, and pressure sensor. The flow into the CFF is
ducted, while the flow exits freely from the fan into the environment.

30



2.6. Experimental Analysis

in Fig. 2.14 (b). The measurements were carried out for each speed for two
operating points, namely at maximum (“max flow”) and minimum (“no flow”)
flow. The rigid body modes simulated in Fig. 2.5 did not pose a problem for
the magnetic bearing since a “force-rejection” algorithm was implemented in
the position control [38]. This unbalanced control strategy can be interpreted
as a generalized notch filter. This shifted the axis of rotation of an unbalanced
rotor from the geometric center of gravity to the center of mass, such that
the rotor rotated in a completely force-free manner. Thus, no rigid body
modes could be excited by the unbalance. Furthermore, the forces generated
by the air flow (no-flow versus max flow points in Fig. 2.14 (a),(b)) had no
measurable/no significant influence on the rotor displacement in the magnetic
bearing. Therefore, we considered them to be neglectable. The predicted
torsional mode was also not excited during the measurements and did not
lead to any destabilizing forces.
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Fig. 2.14: Measured radial rotor displacements in the magnetic bearing of (a) PT1 and
(b) PT2.

In contrast, the first bending mode occurred for both rotors. In Fig. 2.14
(b), the quickly increasing radial displacements of the less stiff CFF are clearly
31



Chapter 2. Comparative Evaluation of High-Speed Bearingless Cross-Flow
Fan Designs for Lithography Excimer Lasers

visible. Stroboscopic measurements optically confirmed the bending of the ro-
tor. With the present control structure, the first bending resonance frequency
could not be passed, meaning that PT2 could only operate subcritically—
but stably—up to 5500 rpm. The critical speed of the first bending mode of
8000 rpm simulated in Fig. 2.5 (b) most likely overestimates the mechanical
stiffness due to the multi-body nature of the prototype and the imperfectly
bonded connections between the individual components, which is why the
first bending resonance frequency occurs earlier in the measurement.

PT1 was successfully operated up to 12 000 rpm (see Fig. 2.14 (a)). Due to
the large air gap offered by the bearingless motor (as explained in Sec. 2.2),
large displacements, and thus, high speeds, can be allowed with the “force-
rejection” algorithm. The simulated bending resonance frequency of 15,500
rpm from Fig. 2.5 (b) also occurred earlier with PT1 and could not be passed.

The higher displacements of PT1 compared to PT2 at low speeds indicated
a higher mass unbalance. Although balancing can reduce the displacements
up to the resonance frequency, it is still not possible to pass the critical
speed. In addition, it can be concluded from both diagrams that the radial
displacements are approximately the same at maximum and minimum flow,
which means that the rotor dynamic forces dominate over the fluidic forces.

For both PTs, the first bending resonance frequency currently represents
the limit for the magnetic bearing of the bearingless motor, which is why
both PTs could only be operated subcritically.

2.6.2 Pressure-Flow Curves

Fig. 2.15 (a) shows the characteristic pressure—flow curves of PT1. This CFF
reached a maximum speed of 12 000 rpm with a maximum flow rate of approx-
imately 1450 m® /h. Fig. 2.15 (b) shows the pressure—flow characteristics of
PT2, resulting in a flow of approximately 1600 m®/h at the maximum achieved
speed of 5500 rpm. The comparison of PT1 and PT2 shows experimentally
that the robust design of PT1 allows for high speeds, but there is a loss in flow
rate. This results from the shorter effective fluid inlet length (see Tab. 3.3) in
combination with the straight blade profiles.

Comparing the fluid performance (the multiplication of pressure increase
and flow rate) at maximal speed for PT1 and PT2, PT1 generates a higher
performance for operating points with higher resistance. Depending on the
resistance of the heat exchangers in the excimer laser application, this can be
advantageous.
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Overall, PT2 performs better from a maximal flow point of view, but the
low shaft stiffness and the excitation of the first bending resonance frequency
do not allow higher speeds than 5500 rpm, while the robust design of PT1
allowed rotational speeds up to 12 000 rpm and thereby led to a fluid perfor-
mance increase for operating points with higher resistance, e.g., from the
heat exchangers.
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Fig. 2.15: Pressure-flow curves measured in the presented test rig for (a) PT1 at
increments of 1000 rpm up to 12 000 rpm and (b) PT2 at increments of 500 rpm up to
5500 rpm.

2.7 Summary

In this chapter, a comparative evaluation of two bearingless cross-flow fan
designs was performed. Two prototypes were designed, optimized, and
analyzed in terms of their rotor dynamic and fluid dynamic performance and
pushed towards high-speed and high-performance operation. For the target
application in DUV lithography excimer lasers, the bearingless CFF concept
allows for a simple, hermetically sealed and conveniently maintainable and
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exchangeable placement of the drives outside the laser chamber. An increase
in CFF speed and thus flow has a direct impact on the throughput and scan
speeds of these systems.

This chapter addresses the trade-off and complex interactions between
the mechanical strength, fluid dynamic performance, and manufacturability
of the CFF rotor and the consequent impact on the magnetic bearing and max-
imum achievable speed. For this purpose, two prototypes were successfully
commissioned and investigated by FEM and experimental measurements. The
performed modal analysis allowed an estimation of expected vibration modes,
particularly the critical speed of the first bending mode and its node location.
With the presented CFD simulation, a visualization of local flow effects along
the blade geometries, as well as a CFF design comparison, was accomplished.

PT1 represents an easily manufacturable and stiff rotor that could be
operated up to 12 000 rpm. This demonstrated that stable operation up to the
first bending resonance frequency in this high-speed range is possible with
the current position control structure. At maximal speed, PT1 resulted in
higher fluid power for operating points with higher resistance compared to
PTi1. However, the robust design comes at the expense of a limited fluid flow.

PT2 performs much better from a fluid dynamic point of view, but the
more flexible design limits the maximum achieved speed to 5500 rpm due to
the excited first bending resonance frequency.

It can be concluded that the magnetic bearing can only handle forces
and allow deflections to a limited extent and that the first bending resonance
frequency currently limits the position control of the bearingless motor pre-
sented here. Future research will focus on passing the critical speed to obtain a
better trade-off between rotational speed and fluid performance with the same
unique technical advantages that the bearingless CFF technology currently
offers.
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Supercritical Operation of
Bearingless Cross-Flow Fan

This chapter summarizes the most relevant findings regarding the novel
decoupled bearingless cross-flow fan, which enhances the performance of
CFFs, as also published in:

» L Bagaric, D. Steinert, T. Nussbaumer and J. W. Kolar, “Supercritical
Operation of Bearingless Cross-Flow Fan,” Machines, vol. 12(4), no. 223,
March 2024.

Chapter Abstract

This chapter presents a decoupled bearingless cross-flow fan (CFF) that operates at a su-

percritical speed, thereby increasing the maximum achievable rotational speed and fluid
dynamic power. The novel CFF rotor features additional mechanical decoupling elements
with low bending stiffness between the fan blades and the rotor magnets. Thus, the unbalance
forces primarily deform the soft decoupling elements, which enables them to pass resonances
without CFF blade damage and allows rotor operation in the supercritical speed region
due to the self-centering effect of the rotor. The effects of the novel rotor design on the
rotor dynamic behavior are investigated by means of a mass-spring-damper model. The
influence of different decoupling elements on the magnetic bearing is experimentally tested
and evaluated, from which an optimized decoupled CFF rotor is derived. The final prototype
enables a stable operation at 7000 rpm in the supercritical speed region. This corresponds
to a rotational speed increase of 40 %, resulting in a 28 % higher, validated fluid flow and a
100 % higher static pressure compared to the previously presented bearingless CFF without

| decoupling elements. |
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Chapter 3. Supercritical Operation of Bearingless Cross-Flow Fan

3.1 Introduction

Cross-flow fans (CFFs) installed in the semiconductor industry are exposed
to harsh environmental conditions due to toxic and corrosive gases and are
subject to stringent standards. No wear, friction or contamination, and a rotor
inside a hermetically sealed process chamber are crucial and lead to the highest
performance requirements for the implemented drives. Bearingless motors
enable wear-free, practically maintenance-free, and continuous operation
of CFFs under these extreme conditions. In [50], the authors presented the
bearingless high-speed CFF for applications in deep ultraviolet (DUV) excimer
laser, which are commonly used as the light source in industrial lithography
systems [7]. The fluid dynamic performance of the CFF is an important
factor that limits the gas exchange rate of the lasers in a given, constrained
installation space of complex manufacturing devices. Increasing the CFF
rotational speed and therefore the fluid performance is a key enabler for
improving the laser performance, the scanning speed of lithography systems,
and finally, the chip throughput [8,18, 20, 22].

The maximum achievable rotational speed of current bearingless CFFs is
restricted by the plastic deformation of the CFF rotor at the critical bending
resonance frequency. The operation is therefore limited to subcritical speeds.
This chapter presents a bearingless CFF rotor, which is operated supercritically
to increase the fluid dynamic performance. The CFF rotor features additional
mechanical elements with low stiffness (hereafter referred to as “decoupling
elements”), which connect the rotor magnets and the CFF blades according
to Fig. 3.1. The influence of the decoupling elements on the rotor dynamic
behavior (vibration modes) is examined by a mass-spring-damper model
and the influence on the magnetic bearing is tested with different prototypes.
Additionally, the effects on the CFF’s fluid dynamic performance are evaluated.

CFF rotors have a distinctive large length-to-diameter ratio and consist
of several thin blades arranged in a circular manner to achieve the optimal
fluid dynamic performance [45,51,52]. The long and thin blades result in a
low mechanical bending stiffness. Consequently, the CFF rotor plastically
deforms under the unbalance forces, which increase quadratically with the
rotational speed, at the critical bending resonance frequency. The use of
magnetic bearings amplifies this problem due to the rotor magnets on both
ends of the CFF rotor, which add significant mass but minimal contribution to
the overall rotor bending stiffness. The CFF rotor presented in [50] consists of
two rotor magnets, which are rigidly mounted to the CFF blades as depicted
in Fig. 3.2 (a).
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) Process chamber .
Bearingless motor 1 N Bearingless motor 2
(BM1) (BM2)

Decoupling elements

CFF blades

Fig. 3.1: Schematic cross-sectional view of the bearingless CFF system in a hermetically
sealed process chamber. The CFF rotor consists of CFF blades, which are decoupled
from the rotor magnets by decoupling elements. By adding components with low
mechanical stiffness, i.e., kgg < KCFRpladess the rotor dynamical behavior is influenced
such that the resonance frequency, which bends the CFF blades, is shifted to higher
rotational speeds.

The maximum achievable speed is limited by the bending resonance fre-
quency. The low bending stiffness of the CFF blades causes plastic deformation
of the blades near the bending resonance frequency, which prevents its sur-
passing, as shown in Fig. 3.2 (a) with w; crr,,. Thus, the CFF is limited to
subcritical operation.

In the literature, different control approaches for the active magnetic
bearing system to dampen, pass or eliminate resonance frequencies are pro-
posed [53-66]. Complex position control methods are presented to pass the
bending resonance frequency of a flexible test rotor. However, these meth-
ods consider massive shafts and Jeffcott rotors with mass distributions and
bending stiffnesses that are not comparable to the CFF rotor, of which the me-
chanical design is restricted by the fluid dynamical requirements. Therefore,
the proposed control algorithms are not directly applicable to the problem
at hand.

In this chapter, however, a rotor design approach is explored to shift the
CFF’s critical resonance frequencies and rotor bending to higher rotational
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speeds. Additional mechanical elements with a low stiffness decouple the CFF
blades from the rotor magnets. The vibration behavior is influenced such that
an additional, third resonance frequency occurs as visualized in Fig. 3.2 (b).

(@) CFF blades (b) Decoupling elements

CFF blades
Rotor magnets

Rotor magnets

= Rotor deflection
Rotor deflection — S
_ £ 3
o
i Subcritical
” region
Suberitical w Phase-shifted deflection
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Bending & phase-shifted deflection 3 )
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e : g7
{DBending of CFF blades - Bending & phase-shifted deflection
=
| 3 { Bending of CFF blades
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Fig. 3.2: Designs of bearingless CFF rotors: (a) The rotor magnets are directly mounted
to the CFF blades (CFFgy), causing plastic deformation at the first critical bending
resonance. This limits the maximum achievable rotational speed. (b) The CFF blades are
separated from the magnets by additional series elastic elements with low mechanical
stiffness (CFF4g). This enables the passing of the first and second bending resonance
frequency and shifts the critical bending resonance w3 crr, to higher rotational
speeds.

The decoupling elements are deformed under the unbalance forces at
the first two resonance frequencies w; crr,, and w crr,, Which results in a
deflection and small, non-plastic deformation of the CFF blades. The two-
mode shapes differ in the phase shift between rotor magnets and the CFF
rotor. The region above the first two resonance frequencies is referred to
as the supercritical region since the CFF rotor centers itself with respect
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to the rotational axis [38, 67]. The third resonance frequency, wscrr,;, is
characterized by the detrimental bending of the CFF blades, similar to the
second resonance frequency of the non-decoupled CFF, which again leads
to plastic deformation of the CFF blades. However, wscrr,, is shifted to
higher frequencies than w; crr,, of the non-decoupled rotor. Hence, the new
rotational speed limit can be increased.

The design of the multi-component rotor is critical. The decoupling ele-
ments must have a low enough mechanical stiffness to enable effective me-
chanical decoupling and therefore prevent the bending of the blades. But the
stiffness cannot be too low such that the fluid dynamic forces acting on the
rotor lead to high deflections and instabilities. Furthermore, the magnetic
bearing must be able to withstand the forces that result from passing through
the resonance frequencies w; crr,, and wy crry .-

This chapter aims to address these challenges by first modeling the bear-
ingless CFF rotor with a mass-spring-damper model in Sec. 3.2, to analyze the
influence of the introduced decoupling element. Various decoupling elements
are then experimentally tested, to evaluate their influence on the magnetic
bearing and compared with the mass-spring-damper model in Sec. 3.3. Finally,
the fluid dynamic performance of the CFF rotor with the optimal decoupling
element is investigated in Sec. 3.4.

3.2 Modeling of CFF Resonance Frequencies

The goal of this section is to gain an understanding of the vibration modes of
bearingless CFF rotors with and without decoupling elements by means of a
mass-spring-damper (mkd)-model. The focus lies on the comparison of the
resonance frequencies and mode shapes of CFF rotors with rigidly mounted
rotor magnets to the newly introduced, decoupled rotors, particularly to
investigate the modes associated with the bending of the CFF blades, since
these are speed and performance-limiting. The influence of the decoupling
element stiffness is investigated and the effect of shifting the critical bending
resonance frequency to higher frequencies explained.

3.2.1 mkd-Model of Bearingless CFF Rotor

The bearingless CFF rotor is modeled using mkd-elements as shown in Fig. 3.3.
The rotor is assumed symmetrical; thus, only symmetrical vibration modes are
studied. The rotor magnets with mass mp are coupled to the fixed reference
frame via the magnetic bearing, which is modeled by the stiffness kg and
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damping value dg. The parameters kg and dp can be influenced by the PD
position control parameters of the magnetic bearing according to

kB =P- ki — ks (3.1)

and
dg =D -k (3-2)

where P is the position-proportional and D the velocity-proportional feedback
element of the PD control, k; the force/current and k the force/displacement
constant of the drive [38].

The CFF blades are represented in a simplified manner with a mea-
sured mass mcgr, bending stiffness kcpr and internal damping d; cpp, while
dicrr << dp. The mass of the CFF blades is modeled using three mass
elements to represent the connection between the rotor magnets and blades
as well as to clearly characterize vibration modes leading to rotor bending.
The decoupling element, connecting the rotor magnets and CFF blades, is
modeled as a spring with stiffness kqg. Its mass and internal damping are
assumed to be negligible. The systems’ mass unbalance is modeled such that
it is concentrated in the CFF center mass element and that it is created by
the small offset €. It denotes the offset of the mass center from the axis of
rotation, which only influences the resonance amplitude and is set to a finite
small value for this analysis.

Thus, the following equations of motion are obtained for the modeled CFF
system

55‘]3 X’B XB 0
M {Xcrre ¢ + D  Xcrre ¢ + K| Xcrre ¢ = 0 . (3-3)
XCFEc XCFF,c XCFF,c Fu(t)/2

This results in the unbalance force excitation
Fy(t) = mcpp/4 - € - 0%, (3.4)

with € being the mass eccentricity rotating at frequency w [37,68-72]. The
mass matrix M is defined as

mg 0 0
M=|0 mcp/4 o |, (3:5)
0 0 mcrr/4
the damping matrix D as
dp 0 0
D=|0 dicrr —dicrr (3.6)
0 —dicrr dicrr
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@ Decoupling elements ) Kyp =

CFF blades CFF blades
Rotor magnets Rotor magnets
(a1) keer g (1) Kerr (a2) B Xcrre  YCFRc
My e U Gicrr far My k"B T i
by oGy p o i R o R0
G- H=— = SSRESECIT
meppl4  meppl2  mepgld B mpp/4 LCFF R p—
dB kB dB kB symmetry
(a3)
L»»— ]
i i i
L>— [+ 1
1 1
e s s XCFFe
o>
*>>—» +
(mepp/t-ew?)/2 Fup +
,k\ + T 1 1
i s s XCFFe
,—>> [+ ]

Fig. 3.3: Models of bearingless CFF rotors. (a) The decoupled CFF rotor is shown,
where (a1) presents the mechanical and (az) the simulation mkd-model including
elements for the magnetic bearing (kp, dp), CFF blades (kcrr, di crr, mcrr) and de-
coupling element (k4 ), while (a3) shows the algorithm scheme of the implemented
simulation model. (b) The CFF rotor with rigidly mounted rotor magnets, which is
simulated with kqg — oo.
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and stiffness matrix K as

kag + ks —kag 0
K=| —kag  kcrr+kae —kcrr|. (3-7)
0 —kcrr kcrr

To simulate the CFF rotor with rigidly mounted rotor magnets, the spring
constant of the decoupling element can be set to kgqg — 0. Alternatively,
for a decoupled CFF rotor, k4 is set to a finite, variable value. An unbalance
force F, is then applied and the following amplitudes are evaluated: magnetic
bearing deflection xp, the CFF blades’ edge deflection Xcpr and CFF blades’
center deflection Xcpp,.

3.2.2 Unbalance Response of CFF with Rigidly Mounted
Rotor Magnets

The simulated resonance frequencies are evaluated with respect to the ratio
between the magnetic bearing stiffness kg and CFF blades stiffness kcpr and
the results shown in Fig. 3.4 (a). In general, the case kg/kcpr — 0 represents
a free-free supported rotor (kg — 0), with «; being the rigid body mode
frequency that approaches 0 and w, the free-free resonating rotor, i.e., the
bending resonance frequency. For the other extreme edge case of kcpr/kp —
0 the bearing is assumed to be rigid (kg — o). The bending resonance
frequency corresponds to w; while w; — oo represents the resonance of
the rotor magnet masses mp on the magnetic bearing, which is virtually
uninfluenced by the blades’ stiffness kcgg.

The parameters of the rigid CFF rotor listed in Tab. 3.1 are applied to
the mkd-model, resulting in the rigid body mode at w; = 1920 rpm and the
bending resonance mode at w; = 6130 rpm (see Fig. 3.4 (b) and Fig. 3.4 (¢)).

Tab. 3.1: mkd-model parameters of the CFF rotor.

Bearing (B) CFF rotor (CFF)

mass (kg) mgp 0.4 MCFr ~ 0.22
stiffness (N/m) kg 217000 kcpg 20’000
damping (Ns/m) dg 10 dicrr 0.01

The mode shape of «y is illustrated in Fig. 3.4 (d), which represents the
resonance frequency of the magnetic bearing, i.e., the rigid body mode, where
42
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the rotor would deflect from its rotational axis without bending. The rigid
body mode does not pose a problem for the operation of the CFF due to the
implementation of a force-rejection algorithm in the position controller of
the drive, which prevents the unbalance force from exciting this mode [50].

The mode shape of w; depicts the bending of the CFF blades. The CFF
blades with heavy rotor magnets mounted on each end can lead to displace-
ments big enough to cause plastic deformation of the CFF blades. This results
in permanent damage of the rotor, which strictly limits the directly coupled
CFF rotor to subcritical use below w,.

3.2.3 Unbalance Response of CFF with Decoupled Ro-
tor Magnets

For the CFF rotor with mechanically decoupled rotor magnets, the reso-
nance frequencies are evaluated depending on the ratio between the decou-
pling element stiffness k4p and CFF blades stiffness kcpr. For the simulation,
the magnetic bearing stiffness kg, which according to Eq. (3.1) depends on
the force/current and force/displacement constants, defined by the motor
topology, and the variable position control parameter P, is set to a fixed value,
which results in stable motor operation.

The system response is shown in Fig. 3.5 and the measured CFF rotor
parameters are listed in Tab. 3.2. The stiffness ratio kcpr/kgg — 0 represents
the case kqg — oo, which is again the rigidly mounted CFF rotor with w; =
1920 rpm, w, = 6130 rpm and w3 — oo from Sec. 3.2.2.

To simulate the decoupling between CFF blades and rotor magnets,
the stiffness ratio of kgg /kcpr = 0.5 is applied to the mkd-model. The ampli-
tude and phase of deflection of an unbalance excitation to this system are
then evaluated at the magnetic bearing X, the CFF blades edge xcpre as well
as center Xcrr. (see Fig. 3.6 (a)—(c)) and result in mode shapes of Fig,. 3.6 (d).

The simulation results reveal, that the resonance frequencies of w; =
1770 rpm and w, = 3270 rpm shift downwards, compared to the resonance
frequencies from the CFF rotor from Sec. 3.2.2.

At w1, the rotor magnets and CFF blades deflect (in phase) from their initial
position, whereby the CFF blades remain almost undeformed throughout their
length. The mode shape of w; differs in the phase-shift between the deflection
of the rotor magnets and CFF blades. At these rotational speeds, the un-
balance forces cause high elastic deformation of the decoupling elements
and much lower elastic deformation of the CFF blades, since the decoupling
elements possess a lower mechanical stiffness (kqg < kcrr)- Hence, the critical
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Fig. 3.4: Unbalance response of CFFg,. (a) From the rigidly mounted CFF mkd-
model (kqg — o0) resulting systems’ resonance frequencies w; and wy depending on
the stiffness ratio between the magnetic bearing kg and CFF blades stiffness kcpr.
Unbalance force response of the rotor to an unbalance force excitation Fy (¢) evaluated
at (b) the magnetic bearing %g and (c) CFF center xcpp. The bending mode w; is
determined at 6130 rpm. (d) Conceptual drawings of the mode shapes show the
bending of the CFF blades at w3, which is the limiting factor for high-speed operation.
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Tab. 3.2: mkd-model parameters of the CFF rotor with decoupling elements.

D li
Bearing (B) el‘z::; tl(l(ll“é) CFF rotor (CFF)
mass (kg) mg 0.4 - McFp = 0.22
stiffness (N/m) kg 21000 kgg 10000 kcrr 20000
damping (Ns/m) dg 10 - dicrr  0.01
20
kdE <kCFF kdE >kCFF /
6] 15 decoupled CFF N
e ' parameters
2 10 : A
’ 5 A—A—A w‘g-u——r—“"r‘
Wom b — = -0t 0—0¢
0 :::.:.—0—0—7_0—-0—0—0-%2 —o—o-¢ "

0 1 0
«—— kdE/kCFF ——>i«— kCFF/kdE —>

Fig. 3.5: From the decoupled CFF mkd-model resulting systems’ resonance frequencies
w1, w2 and w3 depending on the stiffness ratio between the decoupling element stiffness
k4 and the CFF blades stiffness kcpr.

resonance frequencies «; and w; can be passed. The speed range above these
frequencies is considered supercritical, since the CFF rotor self-centers and
allows a stable operation up to the third resonance frequency.

The third resonance frequency ws occurs at 8700 rpm and is associated
with the detrimental bending of the CFF blades. It is mainly driven by the
stiffness kcpp, which cannot be further modified than what the fluid dynamic
design requirements to the blade geometry allow for. Since plastic deforma-
tion only occurs when approaching ws, the new speed limit is increased by
42 % compared to w; of the rotor with rigidly mounted rotor magnets.
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Fig. 3.6: Unbalance force response of the rotor to an unbalance force excitation Fy ()
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The resonance frequency at which the CFF blades bend is determined at 8700 rpm.
(d) Conceptual drawings of the mode shapes show the bending of the CFF blades at
w3, which is the limiting factor for high-speed operation.
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3.3 Experimental Investigation of Decoupling
Elements

The experimental investigation is conducted for different decoupling elements
between the CFF blades and the rotor magnets, to examine their influence
on the magnetic bearing, which can only compensate for forces and allow
displacements to a limited extent. The aim is to determine with which de-
coupling element the rotor can be operated at the highest rotational speeds.
Moreover, the performed rotor dynamic measurements are compared with the
simulation results. These measurements are conducted without the influence
of any fluid dynamic loads; therefore, the CFF blades are covered. The rotor
magnet displacements in the magnetic bearing are measured using built-in
sensors in the bearingless motor 1 (BM1) and 2 (BM2). For the CFF blade
displacements Xcrre and Xcpr, laser-based distance sensors S1, S2, and S3 are
employed to verify the expected mode shapes.

3.3.1 Influence of the Decoupling Elements on Reso-
nance Frequencies

Seven different decoupling elements are characterized and tested, which
leads to the parameters and measured resonance frequencies summarized in
Tab. 3.3. The respective bending stiffnesses kqg; are determined by a force-
displacement measurement. All decoupling elements consist of the same
rubber material and solely vary in their diameter and length.

Tab. 3.3: Characteristic parameters and measured resonance frequencies of the tested
decoupling elements dE; to dE;.

i kag,i  mag,; % % %:fl OLdEi  W2dEi 3dEi
(=) (N'mm) (g () (=) (rpm) (rpm) (rpm)
(@ - - - - - - 5800 -
(b) 1 16 35 0.80 1.26 3000 6100 -
(c) 2 12.5 51 0.63 0.67 2300 4600 -
@ 3 10.5 94 0.53 0.31 1900 3500 7400
e) 4 9.4 60 0.47 0.43 1900 3700 8400
(f) 5 9 43 0.45 0.58 2000 4300 8300
@ 6 4.9 37 0.25 0.36 1700 3600 8000
(h) 7 4.4 54 0.22 0.22 1400 2800 7600
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The measured radial rotor displacements in the magnetic bearing for the
CFF with rigidly mounted rotor magnets are shown in Fig. 3.7 (a) and serve
as a reference measurement. The rigid body mode does not pose a problem
for the magnetic bearing. However, a rapidly increasing radial displacement
is measured for BM1 and BM2 when approaching the bending resonance
frequency. The unbalance forces lead to a plastic deformation of the CFF
blades, therefore it is not possible to pass approximately 5800 rpm.

The rotor dynamic measurements are performed for seven decoupled CFF
rotors (Fig. 3.7 (b)—(h)). Auxiliary touch-down bearings prevent a possible
collision between the CFF blades and the static CFF casing walls when passing
the first two resonance frequencies.

The aim is to find the decoupling element with the best trade-off between
a low enough stiffness kqg, such that the CFF blades do not plastically bend
at the second resonance frequency, but a high enough stiffness to shift w; to
higher frequencies. Additionally, the mass of the decoupling element should
be low to prevent extra mass in the rotor, which leads to a reduction in ws.
Furthermore, a high enough kgg is required for the rotor to withstand the
fluid dynamic forces created by the CFF blades.

The results from Fig. 3.7 (b),(c) show that with decoupling elements dE,
and dE; the target of supercritical operation is not achieved, because their
stiffnesses kqp1 and kqg 2 are too high. The magnetic bearing is not able to
compensate for the forces when approaching the resonance frequencies w; g1
and W2 dE,2-

The remaining decoupling elements are successfully operated in the super-
critical speed region (Fig. 3.7 (d)-(h)). It can be seen that decoupling element
dE; has the lowest resonance frequency ws; therefore, it reached the lowest
maximum speed. This can be justified by its large mass, which is almost 40 %
higher compared to the second heaviest supercritically operated element.

The measurements further show that decoupling element dE, reaches the
highest rotational speed. It offers the best trade-off between a low enough
stiffness kq4g 4 to successfully operate in the supercritical region, and at the
same time a high enough stiffness and low mass mgg 4, which leads to the
highest frequency of ws in this study.

3.3.2 Influence of Decoupling Elements on Mode Shapes

The different mode shapes and the supercritical self-centering effect of the
decoupled CFFs are further verified with laser distance measurements on
the CFF blades, which are summarized in Fig. 3.8. The results of the CFF
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Fig. 3.7: The measured radial rotor displacements in the magnetic bearing are shown
in (a) for the CFF rotor with rigidly mounted rotor magnets and in (b-h) for different
decoupled CFF rotors. The decoupling element dE4 from measurement (e) results in
the highest speed increase of 45 % compared to (a).
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with rigidly mounted rotor magnets confirm that the CFF blades start to bend
with increasing speed. In the vicinity of the bending resonance frequency,
the low bending stiffness of the CFF blades allows the unbalance forces to
cause plastic deformation of the blades up to 6 mm (see Fig. 3.8 (a)), thus
preventing the passing of the resonance frequency.

The displacements of the CFF rotor with decoupling element dE, are
measured with the same sensor setup at different rotational speeds. The CFF
blades deflect in-phase and out-of-phase with respect to the rotor magnets
close to the first and second resonance frequencies, respectively. Additionally,
an elastic deformation is measured after the second resonance is passed. The
plastic deformation of the CFF blades occurs towards the third resonance
frequency ws (see Fig. 3.8 (b)).

Furthermore, the bearing currents are evaluated at subcritical speeds
of 1500 rpm (close to wy), at 4200 rpm (shortly after w,) and at 6000 rpm
(supercritical operation) as seen in Fig. 3.8 (b1),(b2),(b3) . The phase shift of
180° between the bearing currents at 1500 rpm and 4200 rpm demonstrates
that the force on the magnetic bearing acts in opposing directions. This
confirms the phase-shifted deflections of mode shapes w; and w,. From the
bearing current at 6000 rpm, a stable supercritical speed operation is detected,
clearly showing the self-centering effect of the rotor from w, onward.

3.3.3 Comparison and Verification of the mkd-Model

The measured resonance frequencies of the rotors fitted with decoupling
elements dE; to dE; are plotted on the simulation results from Sec. 3.2.3
with respect to the stiffness ratio of the decoupling element stiffness and
the CFF bending stiffness (k4g;/kcrr) in Fig. 3.9 (a). To eliminate the effect
of the decoupling element’s mass, which has been neglected in the mkd-

model, the measured resonance frequencies are plotted with respect to the
mcrr/4
ME, i

the experimental data with the simulation results, it can be seen that the

resonance frequencies w;, w; and ws increase with increasing decoupling ele-
ment stiffness kqg; for both the experimental data and the simulation results.
The resonance frequency ws features the lowest slope. The mass compen-
sation method leads to a better fit between the theory and measurements
according to Fig. 3.9 (b). The deviation between simulated and measured
resonance frequencies is explained by the approximated model parameters,
e.g., the stiffness values have been measured by simplified force-displacement
measurements. Additionally, the measured resonance frequencies have to be
50
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Fig. 3.8: Laser distance sensor measurements of (a) the CFF rotor with rigidly mounted
rotor magnets and (b) the CFF rotor with decoupling element dE4. Measured bearing
currents at (b1) subcritical speed 1500 rpm and (b2) supercritical speeds 4200 rpm and
(b3) 6000 rpm, respectively. The 180° phase-shift between the sub- and supercritical
bearing currents shows the phase-shifted deflections of mode shape wj and wy. The self-
centering effect can be seen from the decrease in the bearing current’s amplitude from
4200 rpm to 6000 rpm.
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estimated in their vicinity, since the rotor cannot be operated in the resonance
itself due to resulting mechanical damages.

In summary, this section demonstrates the validity of the rotor dynamical
study for CFF rotors with rigidly mounted rotor magnets as well as the intro-
duced, decoupled rotors. A stiffness ratio between kg /kcpr of 0.47, i.e., dEq4,
leads to the highest achievable rotational speed of the tested decoupling
elements. It offers the best trade-off between a “soft” enough decoupling,
to be able to penetrate the supercritical region and at the same time a “stiff”
enough decoupling element, to shift the third resonance frequency to higher
rotational speeds. This leads to an increase in the critical bending resonance
frequency from 5800 rpm (rigidly mounted rotor magnets to CFF blades) to
8400 rpm (decoupled rotor with dE4), which is an increase of 45 %. The CFF
rotor with decoupling element dE4 assures a stable operation with low mag-
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Fig. 3.10: The bearingless CFF for fluid dynamic operation: (a) Image of decoupled,
bearingless CFF system including auxiliary touch-down bearings. (b) Schematics of
CFF with rotating CFF blades and static casing walls, where the gap between them
should be small for an optimized fluid dynamic performance, however, large enough
to prevent contact even at the maximum blades’ deflection.

netic bearing currents in the supercritical speed region up to 7000 rpm with
a safety margin of 17 % from the critical resonance frequency ws.

3.4 Pressure-Flow Characteristics of Decou-
pled CFF-Rotor

The influence of decoupling the CFF rotor on the fluid dynamic performance
is presented in this section. Due to the decoupling elements, the rotor can
be operated in the supercritical region of rotational speed up to 7000 rpm.
Air flow and pressure measurements in this expanded operation range are
performed with the decoupled CFF rotor.
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Fig. 3.10 (a) shows the image of the decoupled, bearingless CFF system
and Fig. 3.10 (b) the cross-sectional view of the CFF. The rotating CFF blades
are surrounded by static casing walls. They are placed close to the rotating
fan blades for optimal fluid dynamic performance, but the gap is large enough
such that the blades avoid contact with the housing even at the maximum
deflection. To prevent a possible collision between the blades and the casing
walls when passing the first two resonance frequencies, touch-down bearings
are installed in the casing wall on each side of the rotor.

Fig. 3.11 (a) shows the resulting pressure-flow curves of the decoupled,
supercritically operated rotor CFFgg 4 and the subcritically operated CFF with
rigidly mounted rotor magnets, which have been performed on a standardized
test setup [50]. The measurements marked in blue show the performance at
the speed maximum of 7000 rpm, 17 % below the third resonance frequency
expected at 8400 rpm. The previously highest rotational speed of the directly
coupled CFF at 5000 rpm is marked in gray, which is 14 % below the expected
bending resonance frequency of 5800 rpm.

Comparing the performance at 5000 rpm of the directly coupled and
decoupled CFF, a decrease in flow rate of 10 % is noticed (light blue arrow).
This can be justified with a reduced active CFF blade length since for the de-
coupled CFF, auxiliary touch-down bearings are installed as a safety measure.
Therefore, the 40 % increase in rotational speed results in an overall increase
in fluid flow of 28 % and an increase in pressure of 100 %.

Analyzing the measured radial rotor displacements in the magnetic bear-
ing of the CFF rotor under fluid dynamic loads (Fig. 3.11 (b)), it can be con-
cluded that a stable operation is possible up to 7000 rpm due to the self-
centering effect of supercritical operation and that the fluid dynamic forces
only cause small displacements in the magnetic bearing.
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Fig. 3.11: Experimental measurements of bearingless CFF during fluid dynamic opera-
tion. (a) Pressure-flow curves for decoupled, supercritically operated rotor CFFgg 4
and subcritically operated CFF with rigidly mounted rotor magnets. The maximum
achieved performance is marked in blue for the decoupled and in gray for the coupled
rotor, respectively. (b) Measured radial rotor displacements in the magnetic bearing
of the magnets of BM1 for CFFyg 4 under fluid dynamic loads and without any fluid
dynamic loads. The fluid dynamic forces only cause small displacements in the mag-
netic bearing. The CFF is operated up to 7000 rpm with a safety margin of 17 % from
the critical resonance frequency ws.

3.5 Summary

The presented method of decoupling the rotor magnets of bearingless CFFs
with mechanical elements of lower bending stiffness compared to the CFF
blades, results in an increase in rotational speed and fluid dynamical perfor-
mance. It is shown, that the blade damaging resonance is shifted to higher
frequencies, enabling higher rotational speeds due to the self-centering effect
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of the rotor. This results in a 40 % speed increase and leads to an increase
in fluid flow of 28 % and an increase in pressure of 100 % compared to the
previously presented bearingless CFF without decoupling elements.

To achieve a high-speed and high-performance bearingless CFF, the chal-
lenge is to increase the rotational speed with measures, that do not negatively
impact the fluid dynamic performance.

Methods to increase the rotors’ mechanical stiffness and thus the achiev-
able speed, e.g., through design adaptations such as thicker blades or axial
rods for rotor stiffening, mostly result in lower fluid performance. Neverthe-
less, our approach still allows us to expand the CFF design with measures to
increase the CFF blades’ stiffness.

To the authors’ knowledge, there is no comparable control strategy for
bearingless motors to pass the bending resonance frequency without the risk
of damaging the CFF blades, especially due to their unique mass distribution
and bending stiffness. In comparison, the presented approach shifts the blade
damaging resonance frequency to higher rotational speeds, hence ensuring
that the rotor does not have to be operated in its vicinity or even to pass it.

In summary, the presented method offers a space-saving, simple yet ef-
fective mechanical design approach to increase the bearingless’ CFFs fluid
dynamic performance.
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CFD Based Optimization of
High-Speed and High-Performance
Bearingless Cross-Flow Fan Designs

This chapter summarizes the most relevant findings on optimizing the CFF
rotor and static casing walls to enhance the performance of CFFs, as also

published in:

» L Bagaric, D. Steinert, T. Nussbaumer and J. W. Kolar, “CFD Based
Optimization of High-Speed and High-Performance Bearingless Cross-
Flow Fan Designs,” Machines, vol. 12(8), no. 513, July 2024.

Chapter Abstract

To enhance the fluid dynamic performance of bearingless cross-flow fans (CFFs), this chapter
presents a CFD-based optimization of both rotor and static casing wall modifications. The
goal for the investigated rotor modifications is to enhance the CFF’s mechanical stiffness by
integrating reinforcing shafts, which is expected to increase the limiting bending resonance
frequency, thereby permitting higher rotational speeds. Additionally, the effects of these
rotor modifications on the fluid dynamic performance are evaluated. For the casing wall
modifications, the goal is to optimize design parameters to reduce losses. Several numerical
simulations are conducted and validated using various commissioned prototypes, each
measuring 600 mm in length and 60 mm in outer diameter. The results reveal that integrating
a central shaft increases the rotational speed by up to 42 %, from 5000 rpm to 7100 rpm, due
to enhanced CFF stiffness. However, the loss in fluid flow amounts to 61 % and outweighs the
gain in rotational speed. Optimizing the casing walls results in a 22 % increase in maximum
| fluid flow reaching 1800 m®/h at 5000 rpm. |
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4.1 Introduction

Cross-flow fans (CFFs) as a type of fan turbomachinery, are characterized
by their large length-to-diameter ratio and ability to generate a primarily
uniform flow along their length at low rotational speeds and low noise emis-
sion. Therefore, they are predominantly employed in heating, ventilation, and
air conditioning (HVAC) systems. However, the application scope of CFFs
extends to industrial applications such as highly specialized laser modules
in the semiconductor industry. These applications require high CFF perfor-
mance to maintain consistent and high-quality laser output through the gas
circulation system. In [50], the authors presented the bearingless CFF, which
allows for wear- and friction-free CFF operation inside a hermetically sealed
chamber with high-speed capability, supported by high drive power available
on both rotor sides. To enhance the fluid dynamic performance of bearingless
CFF’s within a given, constrained installation space (as shown in Fig. 4.1 (a)),
this chapter conducts a Computational Fluid Dynamics (CFD) based design
optimization supported and verified by measurements. On the one hand,
design measures are investigated to increase the CFF’s mechanical strength
through introducing stiffness increasing shafts. This shifts the critical bend-
ing resonance frequency, which currently limits the maximum achievable
rotational speed, to a higher frequency, thus enabling stable CFF operation
at increased rotational speeds. On the other hand, design changes of the
CFF casing walls are evaluated to improve its fluid dynamic performance,
particularly to reduce recirculation losses between the rotating blades and
the static casing walls. The investigated design measures are depicted in
Fig. 4.1 (b).

In industrial applications such as deep ultraviolet (DUV) lithography sys-
tems, CFFs are part of the gas circulation system. DUV lithography systems
use short-wavelength ultraviolet (UV) light, typically provided by an argon
fluoride (ArF) or krypton fluoride (KrF) excimer laser, to project intricate
patterns onto silicon wafers for the precise fabrication of semiconductor de-
vices. CFFs, with their cylindrical shape and tangential flow direction, are
compactly integrated within the limited space constraints of the excimer laser
to uniformly circulate and cool the laser gas [8,18, 20]. Increasing the CFF’s
performance can positively impact various aspects of laser performance, in-
cluding cooling efficiency, gas circulation, flow stability and reliability, which
contributes to achieving consistent and high-quality laser output. Hence, in-
creasing the CFF’s performance is a direct enabler for improving the excimer
laser’s performance.
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(b)
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Fig. 4.1: (a) Schematic view of the bearingless CFF system in a hermetically sealed
laser chamber. (b) Investigated measures to increase the CFF’s performance through
additional mechanical elements (shaft and circularly arranged rods) to increase its
mechanical strength and thereby its rotational speed and through optimization of the
casing walls.

To increase the CFF’s performance by increasing its rotational speed, the
bending resonance frequency emerges as a critical factor, since CFFs typically
consist of long, slender blades that are prone to bending vibrations. When the
rotational speed approaches or exceeds the bending resonance frequency;, it
can lead to significant structural vibrations and potentially cause mechanical
damage to the CFF blades. In [73], the authors proposed a method to shift
the detrimental bending resonance frequency to higher frequencies through
the design of a novel CFF rotor. The rotor features additional mechanical
decoupling elements with low bending stiffness, allowing resonance frequen-
cies to be surpassed without causing damage to the CFF blades and enabling
rotor operation at a 40 % higher rotational speed. Moreover, with magnetic
bearings, it becomes feasible to implement complex control algorithms to
actively control specific vibration modes. This offers the capability to dampen,
bypass, or eliminate resonance frequencies, such as the bending resonance
frequency. In literature, different approaches are investigated, typically for
massive shafts and Jeffcott rotors. In [55], an optimum compensator control
design method is proposed to obtain the minimum resonance peak of the rotor
when passing the first bending critical speed. To operate a maglev motor
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above the bending critical speed, [74] designed a p—synthesis controller and
experimentally verified that the rotor passes through the first bending mode
frequency. A p—synthesis controller was designed by [75] as well, to achieve
active damping of the rotor’s bending mode and pass through its critical
speed. Using a mixed PID control method based on mode separation, [76]
showed by simulation that the flexible rotor can pass the first bending critical
speed.

This chapter examines two additional methods for enhancing the CFF’s
performance that can be implemented alongside the previously mentioned
damping techniques. From a fluid dynamical point of view, the CFF’s non-
axisymmetric flow profile is defined by the transverse, double passage of the
fluid through the rotating blades and the formation of an eccentric vortex
within the impeller. There is not yet a general approach or analytical descrip-
tion to accurately model the aerodynamic features and loss mechanisms of
CFFs, nor to precisely predict their performance. Several different investi-
gations about CFFs were conducted using analytical modeling, numerical
simulation and experimental data. To analytically determine the CFF per-
formance curves for a given geometry, [42,77,78] used the mean streamline
analysis with empirical data. Numerous numerical and experimental studies
have been conducted, to analyze the influence of the CFF blades’ [44, 79]
and casing walls geometry [80-83] on the CFF performance. A particular
focus lies on visualizing the complex flow patterns by means of CFD and
to analyze the velocity vectors and pressure gradients, to draw conclusions
about CFF performance, efficiency and loss mechanisms [51,52,84]. In [85],
Stereo Particle Image Velocimetry (SPIV) is presented as an experimental flow
visualization technique to examine the influence of CFF casing geometries.
In a recently published review paper on the performance and efficiency of
CFFs [86], it is concluded that optimizing and enhancing their performance
remains a challenging task. To boost the CFF’s efficiency, it is crucial to
improve their structural characteristics, aerodynamic properties, and acoustic
behavior.

Increasing the performance of bearingless CFFs presents several chal-
lenges concerning fluid dynamics, rotor dynamics (mechanical strength and
rotor vibrations) and the influence on the magnetic bearing. The fluid forces
can lead to displacements of the magnetically levitated rotor, requiring mea-
sures to prevent collisions with the static casing walls by maintaining a certain
safety distance. The goal of this chapter is to optimize the CFF performance
in terms of output pressure and flow, while considering the different effects
on the bearingless motor system.
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The chapter is organized as follows: Sec. 4.2 presents the methods used
for the CFF rotor and casing wall optimization including the fundamental
aerodynamics, implemented CFD model, simulated modal analysis and mea-
surement setup. Sec. 4.3 reveals and discusses the results for the different
rotor and static casing walls design modifications. Sec. 4.4 summarizes the
main conclusions.

4.2 Methods for CFF Analysis

4.2.1 Fundamental Aerodynamics

This section explains the operating principle of CFFs from a fluid dynamical
point of view, particularly to underline the loss mechanisms associated with
the characteristic eccentric vortex. The goal of this analysis is to explore
methods for enhancing the performance of the CFF by modifying both the
rotor and static casing walls within given space constraints. Regarding the
rotor modifications, the primary focus is on increasing mechanical stiffness
through the integration of reinforcing shafts and evaluating their impact on
fluid dynamic performance. In terms of the static casing walls, the emphasis
is on optimizing the eccentric vortex region to reduce recirculation losses.

Generally, the energy increase of a fan turbomachinery represents the
change in energy of the fluid passing through the fan from the inlet to the
outlet side, i.e. from the suction to the discharge region. This energy increase
is typically defined in terms of total pressure Apihe and can be expressed as
the sum of both static and dynamic pressure components as the first form of
Euler’s fluid machine equation

dynamic static
p
Apies = 21(& )+ (o~ ) + (u — )], (4

where c is the absolute, u the circumferential, and w the relative velocity and
p the density. The geometric sum of the circumferential and relative velocity
gives the absolute velocity, which defines the second form of Euler’s fluid
machine equation as

Aptheo = p(Uz - Cuz — Uy - ). (4.2)

For CFFs, the flow field is predominately two-dimensional, i.e. perpen-
dicular to the impeller axis. It is described by the fluid entering the forward
61



Chapter 4. CFD Based Optimization of High-Speed and High-Performance
Bearingless Cross-Flow Fan Designs

curved blades tangentially on the suction side, passing through the interior
part of the impeller and then exiting the blades tangentially on the discharge
side. Hence, the rotating blades are passed twice by the fluid and an eccentric
vortex is formed within the impeller.
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region C @ Cra Cy
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Fig. 4.2: (a) Flow regions of the CFF divided into the work region A, paddle region
B and eccentric vortex region C adapted from [42]. (b) Velocity triangles in the two
stages of the CFF.

To explain the fundamental kinematics and energy transfer processes for
CFFs, Fig. 4.2 is used. It is based on [42], describing in detail the through-flow
and loss characteristics of the CFF by the mean streamline analysis. The
analysis has the underlying assumption, that the flow within the fan can be
divided into three regions (depicted as work region A, paddle region B and
eccentric vortex region C in Fig. 4.2 (a)) and can be analyzed independently.
However, the flow is strongly influenced by the operating conditions as well
as the fan geometry, which can be difficult to parameterize.

The principal through-flow of the impeller is represented by region A,
where the majority of the beneficial work is conducted and is described by
the velocity triangles in Fig. 4.2 (b). Using Eq. (4.2), the ideal total pressure
increase across the CFF impeller Apieo14 is given by the sum of the first and
second stage total pressure increase as
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ApPihoo4 = P((uzcuz = uicy1) + (UgCuq — u3Cu3))~ (4.3)

The actual total pressure increase Apior14 is then given by

Apiotia = APiheo1a — Apioss, (4.4)

where the pressure losses Apjyss are an unknown parameter consisting of
several different loss mechanisms. In [78], the most important loss models
of the mean streamline analysis are summarized as skin friction, incidence
expansion, enlargement and recirculation losses. As explained in [42], the CFF
blades in region B act essentially like a paddle wheel, hence the energy transfer
is comparatively low and inefficient. Region C represents the eccentric vortex,
which consists of the recirculating flow and is primarily responsible for energy
dissipation and the shaping of region A.
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Fig. 4.3: CFFs for the CFD based performance analysis (a) with reinforcing rotating
shafts, (b) with reinforcing circularly arranged rods and (c) parametrisation of the
static casing walls including the rear and vortex wall.

From the CFFs operating principle described above, it becomes clear
that introducing interior obstructions within the work region A, such as
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mechanically reinforcing shafts, causes flow disturbances and additional
losses. However, these stiffness increasing measures have a significant impact
on the CFFs vibration behavior, especially its bending resonance frequency.

Various diameters of reinforcing shafts are studied, as depicted in
Fig. 4.3 (a) for a single central shaft and in Fig. 4.3 (b) for circularly arranged
rods. Regarding the casing wall optimization, its key geometric parameters
are presented in Fig. 4.3 (c) and different variations are investigated.

4.2.2 Computational Fluid Dynamics

For the CFD analysis, planar 2D simulations are conducted, as the flow profile
of the CFF remains predominantly uniform along its length. The numerical
model utilized has been presented by the authors in [50]. It includes a conver-
gence study involving mesh and time step parameters for the transient CFF
CFD simulation, leading to a robust model with optimized mesh and time
step settings.

Fig. 4.4 illustrates the velocity and pressure profiles resulting from the
CFD simulation for the initial CFF geometry at 5500 rpm and 1633 m>/h
(high-flow point). The velocity vectors provide a visual representation of the
key fluid dynamic features, highlighting the inflow and outflow regions, as
well as the non-axisymmetric flow profile. Additionally, the pressure profile
vividly illustrates the presence of the eccentric vortex.

For the forthcoming comparisons and performance evaluations, the di-
mensionless flow gcpr and pressure Yt crr coefficients are evaluated from
the simulated physical flow Q and pressure values Apg,: according to

Q

_— (4-5)
u - dcrr * Lorr

QCFF =

where dcpr and Legr correspond to the CFF blades’ diameter and length, and
u to the circumferential velocity

u=r-dcpr - n, (4.6)
with n being the CFF’s rotational speed and

Apstat

—> 4.7
Pair/2 - u? ( )

Ystat,CFF =
where p,;, is the density of air. Introducing shafts within the CFF impeller
changes its bending resonance frequency and can increase the rotational
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Fig. 4.4: CFD-simulated velocity (top) and pressure (bottom) profiles for the initial
CFF geometry for a stable, high-flow operating point at 5500 rpm.

speed at which it can be operated. The dimensionless pressure and flow
coefficients allow to extrapolate the physical pressure and flow for operating
points at different rotational speeds according to

Q'=—-0 (4-8)
and
* n* 2
APstat = (7) . APstat (4-9)

with Q* representing the extrapolated flow and Ap} , the extrapolated pres-

sure derived from the CFD results at different rotational speed n*.
The CFD simulation is conducted for several high-flow operating points
and compared to measured data points in Fig. 4.5. To derive the flow rate
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from the 2D simulation, the inlet velocity is multiplied by the cross-sectional
area defined by the inlet channel’s height and width. The dotted lines of the
simulated curve mark the pressure fluctuation in the CFD simulation during
the final turn, indicating convergence and a stable eccentric vortex region, i.e.
no pressure pulsations. As described in [50], an operation point converges
after approximately six turns, while one turn (a 360° rotation of the fan blades)
corresponds to 66.67 numerical time steps. It can be seen, that the simulated
and measured data points agree very well.
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Fig. 4.5: Dimensionless pressure-flow curves of initial CFF geometry measured on
a test bench presented in [50] and simulated in the high-flow region. The pressure
Ustat,crr and flow ¢cpr coefficients are calculated according to Egs. (4.5) and (4.7).
The dotted lines mark the pressure fluctuation observed in the CFD simulation during
the final turn, indicating convergence and a stable eccentric vortex region.

For this study, the simulated operating points of the different design adap-
tations are focused on the high-flow regime. At low-flow operating points, the
implemented incompressible CFD model (justified with the expected subsonic
speeds of Mach numbers below 0.3) predicts strong pressure fluctuations,
which inadequately represent the physical conditions. In [45] it is observed,
that as the flow decreases, the eccentric vortex region C expands. Conse-
quently, it is more challenging for the inlet flow to efficiently penetrate work
region A of the CFF, which exacerbates the non-uniformity and amplifies the
pressure pulsations within region C. In [87] it is concluded as well, that the
dominant frequency responsible for the velocity and pressure fluctuations in
the CFF is mainly generated due to the unsteadiness of the eccentric vortex.
The flow in the low-flow region is described as strongly unsteady, unstable,
and three-dimensional in [77]. Therefore, the following simulations focus on
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numerically stable, high-flow operating points, aligning with the typical CFF
application for generating uniform flow patterns along their length.

To quantitatively compare the modified and initial CFF design, the simu-
lated operating points at the same dimensionless static inlet pressure Ystat,crr
are evaluated to determine the change in fluid flow as A@crrmax-

4.2.3 Simulated Modal Analysis

A modal analysis is performed on the CFF rotor modifications with various
shafts to estimate the system’s first bending resonance frequency, to draw
conclusions about the maximum achievable rotational speed. It is described
in more detail in [50]. This theoretical assessment of different shaft sizes and
arrangements assists in determining which prototypes to commission.

4.2.4 Measurement Setup

The CFD simulations and experimental measurements are conducted for a CFF
with Lepr = 600 mm and depr = 60 mm. The pressure—flow measurements
are performed with air under ambient pressure on a test rig presented in
detail in [50]. It consists of an inlet ventilation duct equipped with a variable
inlet grid for setting different operating points, along with a pressure and a
flow sensor. Characteristic pressure-flow curves can be recorded for various
design modifications.

For the rotor dynamic measurements, the displacements of the rotor
magnet within the magnetic bearing are evaluated using built-in sensors in
the bearingless motor. The bending resonance frequency is identified by the
rapid increase in radial displacements as it is approached.

4.3 Results and Discussion

This section presents the results of the CFF analysis for different rotor and
stator modifications. The quantitative results of the CFD analysis of the mod-
ified CFF rotor with reinforcing shafts (Fig. 4.3 (a)) and circularly arranged
rods (Fig. 4.3 (b)) are summarized in Tab. 4.1 and of the modified CFF static
casing walls (Fig. 4.3 (c)) in Tab. 4.2, respectively.
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Tab. g4.1: CFD results for the modified CFF rotor evaluated as change in fluid flow
AQCFF,max compared to initial CFF geometry from Fig. 4.4 and Fig. 4.5.

Rotor modifications Design properties APCFE,max (%)
(a1) central shaft dshaft = 12 mm —44
(a2) central shaft dghatt = 15 mm —51
(a3) central shaft dghatt = 20 mm - 61
“(b1) circularly arranged rods  dpog = 5mm, Dyoge = 20mm ~ —38
(b2) circularly arranged rods  dyoq = 5mm, Dyogs = 30 mm -29

Tab. 4.2: CFD results for modified CFF static casing wall evaluated as change in fluid
flow A@crr,max compared to initial CFF geometry from Fig. 4.4 and Fig. 4.5.

Static casing wall modifications Design properties AQCFF,max (%)

h =43.5mm, h, = 13.5mm,

e nereasedinletangleds Q=semmg=es 0
= 48. =18.
(c2) rear wall downward shift h = 48.5mm, h, 08 S mm, +10
€ =5mm, f§ =7.2°
777777777777777777777 . h=435mmhy =185mm, __
(c3) rear & vortex wall downward shift o, g o mm +15
,,,,,,,,,,,,,,,,,,,,,,,, e=Smm f=149"
=47. =29 s
(c4) optimized outlet side h = 47.8mm, by mm +22

€ =5mm, § =11.7°

It is shown that rotor modifications with shafts do not lead to an increase in
CFF performance, whereas optimizing the casing wall results in a performance
improvement of up to 22 %. A detailed analysis and discussion of the results
is presented next.

4.3.1 Rotor Modifications
Reinforcing Central Shaft

For different sizes of reinforcing central shafts, denoted as designs (a1), (a2)
and (a3) in Tab. 4.1, the pressure-flow performance of the CFF significantly
decreases, as depicted in Fig. 4.6 (a). The evaluated change in dimensionless
flow A@crrmax corresponds to —44 %, —51 % and —61 % for shafts with diameter
depatt = 12mm, dgpae = 15mm and dgg = 20mm. The simulations for
the reinforcing shafts with diameters of 12 mm and 20 mm are additionally
validated with pressure—flow measurements on the test bench.
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Tab. 4.3: Simulated and measured resonance frequencies of CFF blades with reinforc-
ing shafts.

dshaﬂ,out / Material Wpend,sim Whend, meas
dshaft,in
(mm)/(mm) (=) (rpm) (rpm)

- aluminum 7360 5800
 12/o0  stainlesssteel 7290 5100
15/ 11 stainless steel 8800 6300
20/ 14 aluminum 10,850 6800
20/ 16 stainless steel 11,310 8200

The velocity and pressure profiles for a shaft diameter of 12 mm are
visualized in Fig. 4.7. It can be seen, that the presence of the shaft obstructs the
flow field within the impeller, causing localized flow blockage and disrupting
the formation of the eccentric vortex. Consequently, losses occur, which
increase with the shaft diameter.

Furthermore, five distinct CFF prototypes featuring central reinforcing
shafts are rotor dynamically analyzed. Various configurations of hollow and
solid shafts, made from either stainless steel or aluminum, are tested. Their
respective bending resonance frequencies are determined through modal
simulation and, for the commissioned prototypes, tested on the test bench,
as listed in Tab. 4.3. For all simulated CFF rotors, the simulation model
overestimates the mechanical stiffness and consequently the first bending
resonance frequency. This discrepancy arises from the multi-body nature of
the prototype and the imperfect bonding between individual components,
whereas in the simulation the CFF rotor is assumed as one single solid body.
For a stainless steel shaft with a diameter of 12 mm, the resonance frequency
@eritmeas 1S Measured at 5100 rpm. This frequency is lower compared to the
initial CFF resonance frequency of 5800 rpm, indicating that the overall
increase in mass outweighs the increase in mechanical bending stiffness. The
15 mm hollow stainless steel shaft raises wcrit meas to 6300 rpm. Additionally,
the 20 mm hollow aluminum and stainless steel shafts, increase wcrit meas t0
6800 rpm and 8200 rpm, respectively.

With a safety margin of approximately 14 % from the critical resonance
frequency as determined in [73], the dimensionless pressure—flow curves
depicted in Fig. 4.6 (a) are extrapolated for the initial design to 5000 rpm, for
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Fig. 4.6: (a) Dimensionless pressure—flow curves for the CFF rotor with reinforcing
shafts simulated for shaft diameters dgp,, of 12 mm, 15 mm and 20 mm. The CFD
results are validated for dgp, of 12 mm and 20 mm with measurements on the test
bench. (b) Extrapolated pressure-flow curves according to Eqs. (4.8) and (4.9) to
the maximal possible rotational speed n*, where n* is determined by the resonance
frequencies from Tab. 4.3 with a safety margin of ca. 14 % as determined in [73].
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a shaft diameter dgpor = 12 mm to 4400 rpm, for dspagt = 15 mm to 5400 rpm
and for dgpair = 20 mm to 7100 rpm according to Eqs. (4.8) and (4.9).

It can be concluded, that even with the highest rotational speed increase
of 42 % due to the enhanced stiffness of the CFF with dgp.g = 20 mm, the loss
in fluid dynamic performance of —61 % outweighs the gain in rotational speed
resulting in an overall performance decrease of —41% as shown in Fig. 4.6 (b).

5500 rpm , 933 m/h |

|5

m/s

ot

IO m/s

I40() Pa

l w
.

>

t\\

|72000 Pa

Fig. 4.7: CFD-simulated velocity (top) and pressure (bottom) profiles for the modified
CFF rotor with central shaft with a diameter of 12 mm for a stable, high-flow operating
point at 5500 rpm.

Reinforcing Circularly Arranged Rods

The CFD results of the dimensionless pressure—flow curves for CFFs with
reinforcing circularly arranged rods are shown in Fig. 4.8. Similarly to the de-
signs with central shafts, the performance decreases due to flow obstructions.
The evaluated change in dimensionless flow A@crr max for rods of dyog = 5mm
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corresponds to —29 % and —38 % arranged at diameter D;o4s = 30 mm and
Diods = 20 mm, respectively. Placing the rods at a larger diameter disrupts
the formation of the eccentric vortex less.
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Fig. 4.8: Dimensionless pressure-flow curves for the CFF rotor with reinforcing
circularly arranged rods simulated for a rod diameter d;,q = 5 mm and circle diameters
Diods = 20 mm and D,,qs = 30 mm, respectively.

However, the rods interact with the eccentric vortex generated by the
impeller blades, inducing significant pressure pulsations, as they penetrate it
at a frequency four times the rotational frequency of the rotor. Consequently,
the stability and uniformity of the flow distribution deteriorate. The velocity
and pressure profiles for D;,4s = 30 mm are visualized in Fig. 4.9.

Tab. 4.4: Simulated resonance frequencies of CFF blades with reinforcing circularly
arranged rods.

drod / Drods Material Wpend,sim Wpend, meas
(mm)/(mm) (=) (rpm) (rpm)
L R aluminum _ ____ 7360 ¢ 5800
5/ 20 stainless steel 7260 -
5/ 30 stainless steel 7530 -

The simulated bending resonance frequencies are listed in Tab. 4.4. The in-
crease in mechanical stiffness and hence the shift to higher bending resonance
frequency is below 3 %. Therefore, no prototypes have been commissioned.

In summary, neither the reinforcing central shafts nor the circularly ar-
ranged rods lead to an increase in CFF performance.
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Fig. 4.9: CFD-simulated velocity (top) and pressure (bottom) profiles for the modified
CFF rotor with circularly arranged rods (d;oq = 5mm and D45 = 30 mm) for a stable,
high-flow operating point at 5500 rpm.

4.3.2 Static Casing Walls Modifications

For the CFD analysis of modifications to the static casing walls, the primary
focus lies on the vortex wall, as CFFs are particularly prone to creating re-
circulation zones in this area. The CFD simulations are conducted for minor
geometry changes allowing to track the specific effects of each modification,
providing a clear understanding of their impact on the overall performance.
It has to be ensured that any changes are comprehensible and can be imple-
mented and validated through physical testing. Furthermore, the distance
between the fan blades and the vortex wall, defined as ¢; in Fig. 4.3 (c), is
kept constant to maintain the necessary safety distance required due to the

use of magnetic bearings.
The following modifications include an increased inlet angle, a downward
shift of the rear wall and adaptations of the vortex wall inlet and outlet side.
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Increased Inlet Angle ¢;

To analyze the influence of paddle region B on fan performance, the inlet
angle ¢; of the initial design is significantly increased from 40° to 65°.

The dimensionless pressure—flow curves resulting from the CFD analysis
in the high-flow region are shown in Fig. 4.10. Comparing the initial design
to the modified, it is observed that the dimensionless flow A@cprmax remains
almost unaffected by this change. This indicates that the inlet modification of
¢i has negligible impact on performance.

Comparing the velocity and pressure profiles from the initial design shown
in Fig. 4.4 to those of the design with changed inlet angle in Fig. 4.11, reveals
that the size of paddle region B is reduced while work region A remains
largely unchanged. This suggests that the impact of the rear wall inlet side
modification on fan performance is negligible.
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Fig. 4.10: Simulated dimensionless pressure-flow curve for the CFF with static casing
wall with increased inlet angle ¢; from 40° to 65°. Compared to the initial design, the
dimensionless flow AQCFFmax remains almost unaffected by this change, indicating
that ¢; has minimal influence on performance.
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Fig. 4.11: CFD-simulated velocity (top) and pressure (bottom) profiles for the CFF
with increased inlet angle ¢;, for a stable, high-flow operating point at 5500 rpm. This
modification reduces the size of paddle region B, while work region A remains largely
unaffected, hence there is minimal impact on fan performance.
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Rear Wall Shift

This modification involves a downward shift of the rear wall. The adjustment
changes the outlet parameters h and h, as well as the inlet distance from the
rotor to the rear wall €;, as defined in Fig. 4.3 (c), while the geometry of the
vortex wall remains unchanged.

The CFD results of the dimensionless pressure-flow curves are shown
in Fig. 4.12, indicating a 10 % increase in the maximum dimensionless flow
A@crrmax- Comparing the pressure profiles between the resulting design
shown in Fig. 4.13 and the original configuration depicted in Fig. 4.4, a
reduction in the high-pressure zone at the outlet side of work region A is
achieved, leading to less pressure losses.
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Fig. 4.12: Simulated dimensionless pressure—flow curve for the CFF with static casing
wall modifications, featuring a 5 mm downward shift of the rear wall. Compared to
the initial design, the maximum dimensionless flow A@Crr max increases by 10 %.
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Fig. 4.13: CFD-simulated velocity (top) and pressure (bottom) profiles for the CFF
with the rear wall shifted downward by 5 mm for a stable, high-flow operating point at
5500 rpm. The changes in outlet parameters h, hp and the inlet distance from the rotor
to the rear wall €3, as defined in Fig. 4.4, are marked, while the geometry of the vortex
wall remains unchanged. Compared to the initial design in Fig,. 4.4, the high-pressure
zone at the outlet side of work region A is reduced, leading to less pressure losses.

Rear and Vortex Wall Shift

In addition to the downward shift of the rear wall, the vortex wall is also
shifted downward, altering the vortex wall inlet and outlet angles « and f, re-
spectively. The new design is simulated for several high-flow operating points
and the resulting dimensionless pressure-flow curve is shown in Fig. 4.14.
Compared to the initial design, this modification enhances the dimensionless
flow A@crEmax DY 15 %.

This casing wall modification has been commissioned and tested on the
test bench and the resulting dimensionless curve is plotted in Fig. 4.14. The
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Fig. 4.14: Dimensionless pressure—flow curve for the CFF with static casing wall mod-
ifications, featuring a 5 mm downward shift of the rear and vortex walls. The curves
are simulated in the high-flow region and measured on the test bench. Compared to
the initial design, the maximum dimensionless flow A@CFFmax increases by 15 %. The
green area highlights the newly measured performance gains.

casing wall adaptation validates the CFD simulation results very well in the
high-flow region. Additionally it can be seen from the measurements (gray),
that these changes did not effect the pressure Ystat cpr in the low-flow region.

The simulated velocity and pressure profiles for a stable, high-flow op-
erating point at 5500 rpm are illustrated in Fig. 4.15. The downward shift
of the vortex wall decreases its inlet angle « and increases its outlet angle .
When comparing the resulting pressure profile to the initial design shown in
Fig. 4.4, a lower eccentric vortex pressure is evident (indicated by dark blue
scaling). This reduction in eccentric vortex pressure indicates that the airflow
through the fan is more streamlined and encounters less resistance, resulting
in improved performance in the high-flow region.
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Fig. 4.15: CFD-simulated velocity (top) and pressure (bottom) profiles for the CFF with
the rear and vortex wall shifted downward by 5 mm for a stable, high-flow operating
point at 5500 rpm. The changes in outlet parameters hy, hy and the vortex wall angles
a and f} are marked. Compared to the initial design shown in Fig. 4.4, the pressure
profile reveals a lower eccentric vortex pressure (dark blue scaling). This indicates a
more streamlined airflow with reduced resistance through the fan, enhancing the fan
performance in the high-flow region.

Adaptations of Outlet Side

Furthermore, the vortex wall outlet side is modified by adjusting the outlet
height h; and vortex wall outlet angle . Four parameter sets are simulated
at ¢crr = 0.85 (high-flow), and the resulting dimensionless pressure Ystat crr
is evaluated, as shown in Fig. 4.16 (a). The most optimal configuration is
identified with Ay = 29mm and § = 11.8°. Several additional points are
simulated, as depicted in Fig. 4.16 (b). Testing the new positioning of the
vortex wall outlet on the test bench results in an increase of A@crp.max by
22 %.
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The simulated velocity and pressure profiles are shown in Fig. 4.17. It
can be concluded, that varying hy and f results in a trade-off between outlet
resistance and recirculation. Increasing h; results in a larger outlet, hence
reduces the resistance encountered by the air as it leaves the CFF impeller
blades (outlet side of work region A). However, this modification decreases S,
allowing more recirculation in the eccentric vortex region C.
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Fig. 4.16: (a) Simulated dimensionless pressure sta crr for a high-flow operating
point with ¢cpr = 0.85 is analyzed for different vortex wall outlet geometries, includ-
ing variations in the vortex wall outlet height h; and vortex wall outlet angle . The
configuration with h; = 29 mm and § = 11.8° is identified as optimal. (b) Dimension-
less pressure—flow curve for the CFF with h; = 29 mm and § = 11.8°. The curves are
simulated in the high-flow region and measured on the test bench. Compared to the
initial design, the maximum dimensionless flow A@CFFmax increases by 22 %. The
green area highlights the newly measured performance gains.
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Fig. 4.17: CFD-simulated velocity (left) and pressure (right) profiles for the CFF
with 1 = 29 mm and § = 11.8° for a stable, high-flow operating point at 5500 rpm.
Compared to the initial design shown in Fig. 4.4, an optimum is found between outlet
resistance and recirculation.

In summary, the static casing wall modifications are shown to enhance
the CFF’s performance, achieving a maximum flow increase up to 22 %.

4.4 Summary

This chapter conducts a CFD-based optimization of measures to enhance the
performance of bearingless CFFs, which is particularly important for certain
industrial applications in the semiconductor industry. Modifications of the
CFF rotor and static casing walls are investigated. Various prototypes are

derived from the simulation results, then commissioned and tested.
It is concluded that to enhance CFF performance, the work region A must
remain unobstructed for fluid flow, the eccentric vortex region C must be
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stabilized through careful design of the vortex wall, while the paddle region
B is largely irrelevant for CFF performance.

Regarding the rotor modifications, introducing different dimensions of
central shafts and circularly arranged rods within the CFF impeller impacts
both the rotor dynamic and fluid dynamic performance. Specifically, a stain-
less steel shaft with a diameter of 20 mm shifts the critical bending resonance
frequency of the CFF blades 42 % higher. However, CFD simulations and
experimental measurements showed that the flow drops by 61 %, hence the
loss in fluid dynamic performance outweighs the gain in rotational speed for
all tested reinforced CFF rotors. The CFD investigation of circularly arranged
rods additionally revealed that the rods induce significant, undesired pressure
pulsations within the eccentric vortex. These pulsations lead to unstable flow
patterns, which are not desired for the application in gas circulation systems
of excimer lasers.

Regarding the casing wall modifications, the CFF performance is highly
sensitive to changes in geometric parameters, particularly the vortex wall,
as the casing walls directly influence the airflow path through the fan. A
successful simulated and measured performance increase of up to 22 % is
achieved.

In summary, the chapter’s results demonstrate that the performance of
the bearingless CFF can be enhanced by modifying the geometry of the casing
walls, without altering the rotor or the bearingless motor.
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Conclusion and Outlook

His dissertation addressed the limitations of state-of-the-art magnetically
levitated cross-flow fans, which are constrained by issues of compact-
ness, complex hermetic encapsulation and magnetic air gap geometry, and
performance due to one-sided drive torque generation. For cutting-edge
applications such as gas circulation systems in DUV excimer lasers, these
challenges aggravate adherence to safety standards, complicate costly mainte-
nance work and installations, and reduce the lifespan of the fan system. The
novel bearingless CFF is proposed and investigated to address these issues,
and to overcome numerous challenges imposed by the stringent constraints
and requirements of the target application on the drive system and CFF rotor.

5.1 Results of this Thesis

The content of this thesis is briefly summarized in the following, highlighting
the most significant results.

> The operating principle of the bearingless CFF was discussed in Chap-
ter 2, explaining the bearing force and drive torque generation. A
control structure of the levitation and rotation of a CFF rotor via two
bearingless motors was presented, where bearing forces are indepen-
dently created and controlled, while the torque is generated by both
motors through the passing of a reference drive current from the pri-
mary to the secondary motor. Thus, each motor contributes half of the
required drive torque, ensuring an even load distribution.

Furthermore, two CFF rotor prototypes were designed, commissioned
and compared with respect to rotor dynamics, fluid dynamics, and man-
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ufacturability. Their impact on the magnetic bearing and operational
limits were evaluated.

The theoretical analysis comprised an analytical description of key rotor
dynamic effects and a Finite-Element Method (FEM) modal analysis of
the expected resonance modes and frequencies for the two prototypes,
excited by an unbalance force. This analysis revealed that rigid body,
torsional and bending vibrations can be excited within the targeted
speed range.

For the fluid dynamics assessment of the prototypes, a two-dimensional
Computational Fluid Dynamics (CFD) model was developed. A thor-
ough mesh and time step analysis was conducted, resulting in a robust
simulation model, offering a good compromise between computational
time and resolution. It served as a design tool for evaluating various
CFF geometries at different speeds and operating points, as well as for
visualizing flow profiles.

To conduct the experimental CFF analysis, a test bench was designed
and commissioned. It allowed to validate the FEM simulations, to safely
perform the rotor dynamic experiments and to determine the pressure—
flow characteristics for different prototypes under various operating
conditions.

The results of the experimental analysis revealed that the rigid body
modes and torsional modes were not excited by the rotor unbalance.
However, the bending resonance was excited, limiting the rotational
speed for both CFF rotor prototypes. The two bearingless CFF proto-
types were operated at speeds up to 12 000 rpm and 5500 rpm, respec-
tively. The CFF operating at 12 000 rpm generated a maximum flow rate
of 1450 m®/h or a maximum pressure increase of 580 Pa, depending on
the operating point. In contrast, the CFF operating at a maximum speed
of 5500 rpm achieved a maximum fluid flow of 1600 m*/h or pressure
increase of 220 Pa. The comparison of the two designs showed that
a robust design, while allowing for high rotational speeds, caused a
reduction in fluid performance. This reduction was due to the thicker
blades, which were designed to increase mechanical stiffness, and the
straight blade profile, which was chosen to simplify manufacturability.

A novel bearingless CFF rotor design was presented in Chapter 3. This
design introduced additional mechanical elements with low bending
stiffness between the CFF blades and rotor magnets. The vibration
behavior was influenced such that an additional resonance frequency
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occurred, however, the detrimental resonance for the CFF blades was
shifted to higher frequencies. Since the unbalance forces primarily
deformed the soft decoupling elements at the additional resonance,
it could be successfully passed, enabling the CFF rotor to self-center
without blade damage. It was demonstrated how stable operation at
supercritical speed was achieved, thereby increasing the maximum
achievable rotational speed and enhancing fluid dynamic performance.

A mass-spring-damper (mkd-)model was developed to theoretically
investigate how the presence of decoupling elements affects the res-
onance modes and frequencies of the overall CFF rotor. It allowed
to model several mass, stiffness and damping characteristics of the
magnetic bearing, the decoupling elements and the CFF rotor, to then
evaluate the unbalance responses in terms of resonance frequency and
mode shape.

An experimental investigation was conducted to validate the mkd-
model and evaluate the influence of various decoupling elements on
the magnetic bearing. To prevent a possible collision between the
CFF blades and the static casing walls when passing the resonance
frequencies, auxiliary touch-down bearings were installed in the casing
wall on each side of the rotor. Furthermore, laser distance sensor
measurements and analyses of the bearing currents confirmed the
expected mode shapes. An optimal stiffness ratio between the stiffness
of the decoupling elements and the CFF blades of 0.47 was obtained,
resulting in the highest achievable rotational speed among the seven
prototypes tested. This ratio offered the best trade-off between a "soft”
enough decoupling, to be able to penetrate the supercritical region
and a 7stiff” enough decoupling element, to shift the speed-limiting
resonance to higher frequencies.

Finally, for the fluid dynamic assessment of the novel prototype’s
pressure—flow characteristics, stable operation was achieved up to
7000 rpm. This represented a 40 % increase in rotational speed, leading
to a 28 % higher fluid flow and a 100 % increase in static pressure com-
pared to the CFF rotor without decoupling elements. The fluid flow
did not scale linearly with the increase in rotational speed due to the
reduction in the active CFF fluid inlet length caused by the touch-down
bearings. However, the theoretically expected quadratic increase in
pressure was observed to align well with the experimental results.
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5.2

> Chapter 4 presented a CFD-based optimization of bearingless CFF de-

signs to enhance performance. This chapter investigated modifications
of the CFF rotor and static casing walls, resulting in the development
of various prototypes derived from the CFD results.

Key findings regarding the fundamental CFF aerodynamics were that
for optimal CFF performance, the work region inside the CFF rotor
must remain unobstructed for fluid flow, the eccentric vortex region
should be stabilized through careful design, and the paddle region is
largely irrelevant.

Rotor modifications, such as varying the central shaft dimensions and
incorporating circularly arranged rods, significantly impacted both
rotor dynamics and fluid dynamics. A 20 mm stainless steel shaft
increased the critical bending resonance frequency by 42 %, but resulted
in a 61 % loss in maximum fluid flow, due to crucial flow obstructions
within the work region. For all tested prototypes, the loss in fluid
flow outweighed the gain in rotational speed. Additionally, circularly
arranged rods caused undesirable pressure pulsations and unstable flow
patterns.

Modifications to the casing walls significantly affected CFF performance,
with the vortex wall being particularly crucial. The optimization of the
rear wall position resulted in a measured 10 % increase in maximum
fluid flow. Additionally, optimizations of the vortex wall position as
well as its inlet and outlet angles aimed at reducing recirculation losses,
led to a measured performance increase of up to 22 %, achieving a flow
rate of 1800 m*/h at 5000 rpm.

Outlook and Future Research

The obtained results highlight the potential of bearingless cross-flow fans for
demanding industrial applications. The presented concept has the potential
to serve as a foundation for future gas circulation systems in pulsed DUV
excimer lasers. For future research and development, the following aspects
could be considered:
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> Rotor up-scaling: scaling up the lab-sized CFF to match the dimensions

required for excimer lasers could further advance the adaptation of
bearingless CFF technology to its target application. It could simplify
the implementation of stiffness increasing measures.
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> Rotors with decoupling elements: the findings from the study on decou-
pling elements between the rotor magnets and the CFF blades, could
be extended to other potential applications where increasing rotational
speed is beneficial.

> Excimer laser operating conditions: operating conditions within DUV
excimer laser tubes are challenging due to the presence of corrosive
and toxic gases in the pressurized laser chamber. Nevertheless, de-
signing such a high-pressure chamber and conducting performance
measurements could lead to advancements in material selection, perfor-
mance optimization for high-pressure environments, and operational
reliability.

> Further applications: exploring potential applications beyond DUV
excimer lasers where bearingless CFFs could provide benefits, such
as in other precision optical systems, clean room environments, or
medical equipment.
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Design and Characterization of a
Bearingless Cross-Flow Fan

This chapter summarizes the most relevant findings from the preliminary
study on the design and characterization of the first bearingless cross-flow
fan, as also published in:

> I. Bagaric, D. Steinert, F. Wassmer, T. Holenstein, T. Nussbaumer and
J. W. Kolar, “Design and Characterization of a Bearingless Cross-Flow
Fan,” in Proc. of the IEEE/ASME International Conference on Advanced
Intelligent Mechatronics (AIM), Delft (virtual), Netherlands, July 2021.
DOI: 10.1109/AIM46487.2021.9517520.

Chapter Abstract

This chapter presents a first prototype of the bearingless cross-flow fan particularly suited for
applications in chemically demanding environments. In general, bearingless motors convince
with a friction- and wear-free operation, nearly unlimited lifetime and a hermetically-sealed
encapsulation of the rotor. For the proposed cross-flow fan, a double-sided use of such motors
additionally leads to twice the available torque for the blade rotation as well as a highly
compact and safe system design. In sophisticated applications (e.g., gas-circulation systems
of excimer laser) those arguments are crucial. After a description of the motor topolopy, the
novel bearingless cross-flow fan prototype is introduced and its performance characterized,
by means of experimental measurements. It is operated up to 3500 rpm with bearingless
motors with outer diameter of 75 mm and height of 70 mm, while the CFF blades feature a

| length of 420 mm and diameter of 61 mm. |
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Cross-flow fan blades

Rotor magnet with Bearingless motor
adaptor to fan blades

Fig. A.1: Introduced cross-flow fan composed of two bearingless motors, two magnets
and cross-flow fan blades.

A.1 Introduction

Bearingless motors enable a fully contactless magnetic levitation of rotors
because of their integrated bearing and drive functionality [30]. The various
types of bearingless motors share the same convincing advantages of long
lifetime and low maintenance costs, since they allow friction- and wear-free
operation [88]. Moreover, a large air gap design between stator and rotor
makes a hermetically-sealed encapsulation of the rotor possible. The stator
can then operate the completely separated and isolated rotor in chemically
demanding, high-purity or extreme temperature environments [89]. Those
advantages of bearingless motors improve many demanding systems for
example in the semiconductor, pharmaceutical or biomedical industry such
as pumps [90], mixers [31] or fans [33].

Cross-flow fans are known for their large length-to-diameter ratios. Due
to their rectangular inlet and outlet cross-sections, a uniformly distributed
inflow and outflow is produced [42]. Together with a suitable fan housing
design, cross-flow fans are implemented in numerous applications ranging
from air conditioning devices [41] to sophisticated gas-circulation systems in
excimer laser [12].

So far, magnetically levitated axial fans have been proposed by several
authors. In [91], an axial fan is presented where two passive magnetic bear-
ings stabilize four degrees of freedom (DOFs), radial and tilt directions. The
control of the axial direction (5th DOF) is solved using an active magnetic
bearing, while the rotational degree of freedom is actuated separately by
a permanent magnet synchronous motor. A one-axis (z-direction) actively
and four-axes passively positioned axial fan is realized by [92] and [93] as
well. However, the axial force and the torque are independently regulated by
the g- and d- currents of the single-drive bearingless motor with laminated
stator cores. In [33], an axial fan application is suggested using a bearingless
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axial-force/torque motor. Two radial permanent magnetic ring bearings sta-
bilize radial and tilt deflections of the rotor passively, whereas axial force and
drive torque are controlled actively. The proposed motor topology features a
bell-shaped exterior rotor with an inner shaft.

The goal of this chapter is to introduce the novel bearingless cross-flow
fan by means of a prototype. The focus lies on a compact motor that maintains
chemical resistance and high purity standards as is desired in gas-circulation
systems of excimer laser. Sec. A.2 shows the conceptual design of the used
motor topology and briefly explains its working principle. Based on two
bearingless motors, the cross-flow fan prototype will then be described in
Sec. A.3. The system is characterized with pressure-flow curves on an ISO
5801 based test rig in Sec. A.4.

A.2 Motor Topology

The focus of this chapter lies on a particularly compact and easily maintainable
motor design for the demonstration of the bearingless cross-flow fan for
industrial applications. To achieve such a system, a reasonable decision
between an exterior or interior type of motor is necessary as a first step.
Fig. A.2 illustrates two possible concepts, where the left design shows an
interior-rotor type (stator surrounding rotor) and the right design, an exterior-
rotor type (rotor surrounding stator). As visualized, for an exterior-rotor type
the stator together with all the sensors, control and power electronics barely
exceeds the diameter of the fan blades, whereas the interior version has much
larger dimensions. Therefore, the decision has been made in favor of the
highly compact exterior-rotor type design.

In a second step, the number of stator teeth and the pole pair number has
to be selected satisfying the compactness criteria as well. To get a functional
bearingless motor a minimal stator slot number of four is necessary [94].
However, this topology shows disadvantageous single-phase behavior with
large cogging torque [95]. The uneven stator teeth number of five has the
drawback of permanently requiring high bearing currents to levitate the
rotor [95]. Therefore, a slot number of six offers a promising trade-off between
a compact design and a well functioning motor and was chosen for this
study [95]. When selecting the rotor pole pair number p for the six-slot
design, the condition has to be fulfilled

p=2+(n-6), n=0,12,... (A1)
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Bearingless motor

E R

Process chamber

Fig. A.2: Conceptual design of a cross-flow fan in a process environment which is
driven by bearingless motors. The interior-rotor type (left) requires much larger motor
dimensions for all its components than the exterior-rotor design (right). Therefore,
the latter is chosen for the first demonstration of the bearingless cross-flow fan.

as described in [95]. The presented rotor satisfies this condition by having
four permanent magnets (p = 2) that are magnetized in alternating order
in radial direction. Finally, Fig. A.3 illustrates the selected motor topology.
The stator includes six teeth made of laminated iron with six corresponding
copper coils, while the rotor consists of a back iron ring and four permanent
magnets. This motor setup can now generate both bearing forces and drive
torque, thus stabilize the systems 6 DOFs.

A.2.1 Passive Bearing

The term passive implies that the generated bearing forces originate solely
from the permanent magnets. For the presented topology, the attracting
reluctance forces between the stator iron and the rotor magnets act in favor
of axial (1 DOF) and tilting (2 DOFs) stability. This means that a distortion
from the rotor’s center position in axial or tilting direction is counteracted
by restoring forces. The extent to which those forces react is defined by the
axial force displacement factor

AF,
k, = A.
Ae, (A-2)
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Rotor with four permanent magnets

Stator with six teeth /
and six coils 1

Back iron ring
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Fig. A.3: Conceptual drawing of a bearingless motor with six stator teeth and six
corresponding coils. The rotor consists of a back iron ring and four permanent magnets
that are magnetized in alternating order.

and the torque factor
AM,
Ap
If those factors are sufficiently large, which is the case for this setup, the
axial and tilting directions are fully stabilized by passive bearings. Using
passive stabilization contributes to achieving a highly compact system as well.
However, it is physically impossible to stabilize all DOFs purely passively
(Earnshaw’s theorem [96]).

ky = (A.3)

A.2.2 Active Bearing

When dislocating the rotor from its center position in radial direction, the
resulting reluctance force will support that movement until stator and rotor
mechanically collide. This destabilizing force can be described by a radial

force displacement factor
AF,

kpy = —2 A.
Xy A exy ( 4)
Since no stable radial rotor position is possible, an active magnetic bearing
has to counteract this destabilizing force in the two DOFs. Such a resulting
suspension force can be generated by an air-gap flux-density distribution,
having a frequency component of

fbng = fmech - (p £ 1), (A:5)
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(@) Fx () T

Fig. A.4: (a) Radial force generation in x-direction: two opposite coils have currents
of same magnitude but opposite direction. Forces in y- direction cancel each other
out, so a force Fy results. (b) Torque generation: two opposite coils have currents
of same magnitude and same direction. Radial forces cancel each other out while
tangential forces create a torque T.

as described in [97]. Combining a suitable harmonic wave coming from the
winding scheme with the harmonics from the stator teeth, these flux-density
components can be generated [97]. The resulting suspension forces include
radial as well as tangential forces. As shown in Fig. A.4 (a), a radial force Fy
is created when two opposite stator teeth (e.g. coils 1 and 4) have currents of
same magnitude but opposite direction. Following this principle, the rotor
can be completely stabilized in the two radial DOFs.

A.2.3 Torque Generation

The last DOF is the motor torque, which can be created by an air-gap flux-
density distribution of

ﬁirv = fmech - p, (A6)

as described in [97]. The resulting torque stems from tangential forces while
the radial forces cancel each other out. Fig. A.4 (b) illustrates how a torque is
created for the proposed system when two opposite stator teeth have currents
of same magnitude and same direction.
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A.2.4 Rotor Control

So far, the active bearing and drive torque have been described as separate
entities. However, for combined windings (bearing and drive currents in one
coil), these components need to be correctly taken into account within the
control system. As can be seen in Fig. A.4 (a) and Fig. A.4 (b), desired forces
can be achieved by a corresponding summation or subtraction. When the
sum of drive and bearing currents of the six coils is taken, it results in currents
in three non-adjacent coils, whereas subtracting them leads to currents in the
remaining three coils [95]. These mathematical operations allow to control
bearing forces and drive torque within combined coils by superimposing
bearing and drive currents.

A.2.5 Combining Two Bearingless Motors

For the proposed bearingless cross-flow fan, two such motors are responsible
for the active bearing and torque generation of the long-shafted rotor blades.
Theoretically, having a double-sided implementation offers twice the available
torque for the blade rotation. As explained before, for a bearingless motor with
combined windings the drive and bearing functions are handled separately
then superimposed. When combining two such motors with a shared rotor,
the control scheme has to be adapted. The introduced prototype features a
control structure implemented for each motor independently.

A.3 Prototype

Fig. A.5(a) shows the final cross-flow fan prototype with its dimensions. For
the two motors, each stator is cast into a 3D printed housing with a diameter of
dyv = 75 mm. Additionally, a 3D printed adapter is mounted onto each magnet
allowing to mechanically connect the fan blades and creating a common rotor.
The fan blades have a length of L = 420 mm and a diameter of dg = 61 mm.
The CAD rendering in Fig. A.5(b) visualizes the internal components of the
prototype including the stator iron, copper coils and the integrated power
electronics while Fig. A.5(c) summarizes the technical data of a single motor
prototype.
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(a) Cross-Flow Fan Prototype

dp = 61 mm

dy; = 42.5 mm

—_—

g
g
(=3
=
Il
<
dyy = 75 mm
(b) Cross-Section (CAD Drawing) (c) Single Motor Data
Rotor magnet with Inteerated power erinti 2
adaptor to fan blades ﬁc(,tr()IS(,:v Description Value
Voltage 48V DC + 10 %
Power Input 240 W
Cross-flow Speed Range =+ 13000 rpm
fan blades

Bearingless
motor

Fig. A.5: The bearingless cross-flow fan prototype where (a) specifies the dimensions,
(b) illustrates the internal components with a CAD drawing of the cross section and
(c) tabulates the technical data of a single motor prototype.

A.4 Measurements

A.g.1 Test Rig

The test rig is based on the ISO 5801 norm, which describes how performance
measurements of industrial fans can be performed using standardized airways.
As illustrated in Fig. A.6(a), it consists of a ducted inlet and ducted outlet
(ddquct = 200 mm) and incorporates different components. A flow control valve
at the inlet side allows to regulate the flow of the incoming air stream. For
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the fan characterization, the difference of the total pressures

Aptot = Ptot,out — Ptot,in (A7)

has to be detected, where the total pressure is equal to the sum of static and
dynamic pressure

Prot = Pstat + Pdyn- (A8)

Since the cross sections of the inlet and outlet duct are equal, the dynamic
pressure does not change over the fan (payn, in = Pdyn, out) and the total pressure
difference becomes

APtot = Pstat, out — Pstat, in- (A9)

Therefore, it is possible to measure the static pressure before and after the fan
with two pressure sensors to get the total pressure difference. The outgoing air
stream is detected with a flow sensor, where a honeycomb flow straightener is
required on the inlet side to straighten the air flow. The cross-section of the
CFF blades and surrounding casing walls is shown in Fig. A.6 (b), whereas
the test rig’s dimensions are summarized in Fig. A.6 (c) and the pressure and
flow sensor data in Fig. A.6 (d).

A.4.2 Fan Characterization

The pressure-flow curves of the presented cross-flow fan are shown in Fig. A.7
and Fig. A.8, where the former illustrates the physical values (p and Q) and
the latter the dimensionless parameters (¢ and ¥). The dimensionless flow
number ¢ is defined as

Q

—_— A.
u-dg-L’ (A10)

(P =
where dp and L are the blades’ diameter and length and u is the velocity of
circulation

u=m-dg-n, (A.11)

with n being the rotor speed. The dimensionless pressure number ¥ is defined
as
Aprot

= _DPor A.
pair/2 - u? ( 12)

with a density of air being p,;r = 1.2041kg/m?>. The measurements have been
conducted with rotor speeds of 2000 rpm, 2500 rpm, 3000 rpm and 3500 rpm.
As expected, the pressure difference over the fan Ap,: decreases with increas-
ing flow rate Q (cf. Fig. A.7).
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(a) Test Rig Components
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(b) CFF Blades and Casing walls

Cross-flow &\
fan blades g/?asing walls

(¢) Dimensions

WeEF, inley = 0.42m
h cF inter = 0-08m
% 1m ® % 1m @ 1m ® 0.5m — 1m @ Im
d guee = 0.2m Wepp = 0.42m — h
Lduet = 2 UCFF, outlet = V-22

B crp, outler = 0.04m

(d) Sensor Data
Description Range Accuracy

® Differential pressure 44000 Pa +1% + 1 Pa
sensor

@ Thermal flow sensor 0.2 ...60 m/s £2% + 002 m/s

Fig. A.6: Conceptual drawing of the ISO 5801 based test rig where (a) visualizes its
components including the cross-flow fan (CFF) prototype, a flow control valve, two
pressure sensors, a flow straightener and a flow sensor, (b) shows a sketch of the CFF
blades and casing walls, (c) the test rig’s dimensions and (d) tabulates the technical
data of the pressure and flow sensors.

The low pressure values are characteristic for cross-flow fans. Looking
at the dimensionless parameters in Fig. A.8, an unexpected parallel shift
between the different speeds is noticed. Although the curves should overlap
in the dimensionless plot, the pressure and flow coefficients seem to decrease
with increasing speeds. This might be explained by rotor dynamical effects
that occur for long-shafted rotors. These vibrations start to aggravate the
stabilization by means of magnetic bearings and lower the performance of
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Fig. A.7: Pressure—flow characteristics of the proposed bearingless cross-flow fan
prototype, where measurements are performed for different rotor speeds.
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Fig. A.8: Dimensionless pressure-flow characteristics of the proposed bearingless
cross-flow fan prototype, where the dimensionless parameters are calculated according

to Eqs. (A.10) and (A.12).
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the fan in terms of pressure and flow. Appropriate measures will have to be
studied in detail and correctly implemented.

A.5 Summary

The novel bearingless cross-flow fan has been introduced in this chapter.
Based on two bearingless motors, its working principle has been described
featuring unique performance in an ultra compact design. Rotor speeds of up
to 3500 rpm have been reached and air flows up to ca. 250 m®/h achieved.
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Concept of a Novel Bearingless
Three-Pole Motor for Two-Sided
Driven Applications

This chapter summarizes the most relevant findings from the preliminary
study on the concept of a novel bearingless three-pole motor topology for
two sided-driven applications, as also published in:

» L Bagaric, D. Steinert, T. Nussbaumer and J. W. Kolar, “Concept of a
Novel Bearingless Three-Pole Motor for Two-Sided Driven Applica-
tions,” in Proc. of the z4th International Conference on Electrical Machines
and Systems (ICEMS), Gyeongju (virtual), Korea, October 2021. DOI:
10.23919/ICEMS52562.2021.9634649.

Chapter Abstract

This chapter presents a novel bearingless three-pole motor for two-sided driven applications,
i.e., two motors levitating and rotating a common rotor without any mechanical contact.
When operating in chemically demanding environments its advantages are highly promising:
the bearingless technology allows friction- and wear-free motion, unlimited lifetime and a
hermetically sealed encapsulation of the rotor, while the novel motor convinces with its - in
terms of hardware - minimalistic, compact and safe design. Using 3D FEM simulations, the

| new topology is evaluated focusing on maximal torque and sufficient bearing forces. |
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B.1 Introduction

By means of magnetic fields, bearingless motors levitate and spin rotors
without any mechanical contact while integrating the bearing and drive
functionality in one compact unit. This friction- and wear-free technology
enriches many demanding applications in the semiconductor, pharmaceutical
or biomedical industry such as pumps [98], mixers [94] or fans [93]. The
various bearingless systems convince with their long lifetime, low mainte-
nance costs and a hermetically sealed encapsulation of the rotor enabling
implementations in the harshest of environments. These so-called bearingless
slice motors are characterized by their much smaller stator and rotor lengths
compared to their rotor diameters (L < d/2). Attracting reluctance forces
between stator iron and rotor magnets act in favor of axial and tilting stability.
In order to control the remaining three degrees of freedom, the rotational
degree of freedom (DOF) and two radial DOFs have to be actively stabilized
by appropriate control currents. It holds that the force-current and torque-
current relations depend on the angular rotor position. To cover the whole
angular range and thereby enabling full motor performance, the selection of
stator teeth and rotor pole pair number is a crucial step.

The novel challenge tackled by this study is to achieve a stable levitation
and rotation of long shafts (Lshast >> dshaft) by bearingless motors. A possible
industry application could include a double-sided driven cross-flow fan for
gas circulation systems in excimer laser [12]. A previously introduced, fully
operational bearingless six-pole motor, i.e., the stator has six teeth and six
corresponding coils, is shown in Fig. B.1 (a) [35]. The commissioning of a
cross-flow fan has been successful and is described in [35] as well. It requires
two motors to levitate and rotate the common shaft.

The goal of this chapter is to introduce the novel three-pole motor topology
for two-sided driven applications (cf. Fig.B.1 (b)). Reducing the stator
topology from six to three teeth leads to an elegantly compact, simple design
featuring lower material and manufacturing costs as well as simplified power
electronics (from Fig. B.1 (c) to Fig. B.1 (d)). However, the three-pole motor
experiences single-phase drive characteristics, which has to be taken into
account carefully for double-sided driven applications. The focus of this study
lies on solving the single-phase drive deficit and designing an optimal motor
geometry such that maximal drive torque and sufficient bearing forces are
delivered from this highly compact entity. The drive torque behavior of a
single as well as coupled motor is analyses by means of 3D magnetostatic
simulations in Sec. B.3. Similarly, Sec. B.4 evaluates its potential of generating
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Stator with six teeth & six coils Stator with three teeth & three coils
Rotor with four PM Rotor with six PM
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(a) Reference six-pole motor (b) Novel three-pole motor

_C% Ul =
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(c) PE of reference six-pole motor (d) PE of novel three-pole motor

LIS

DC

Cross-flow fan blades (conceptual sections)

v
v

Rotors twisted by 30°

(e) Double-sided driven cross-flow fan

Fig. B.1: Conceptual drawing of (a) the six-pole reference motor, (b) the novel, highly
compact three-pole motor, (c) the power electronics (PE) of the six-pole reference
motor, where six half-bridges are required to control the six coil currents, (d) the
reduced PE of the novel three-pole motor, where only four half-brides are necessary
and (e) the bearingless cross-flow fan driven by two 30° shifted bearingless three-pole
motors as an exemplary application.
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active magnetic bearing forces. The influence of stator geometry parameters
on the force-torque behavior is embedded in these sections as well. Finally,
motor losses are studied in Sec. B.5.

B.2 The Three-Pole Bearingless Motor

This chapter aims to introduce a particularly compact and minimalistic novel
motor topology. To minimize the motor’s dimensions and maximize its
power density compared to bearingless motors with separated windings, it is
necessary to drastically reduce the number of stator teeth. Fig. B.2 illustrates
the proposed topology where three coils (with combined bearing and drive
functionality) are each wound onto one of the three stator teeth, representing
the most compact configuration possible.

B.2.1 Passive Bearing

For bearingless slice (or disc-type) motors axial and tilting deflections are
passively stabilized. When dislocating the rotor in axial z-direction or tilting
it around the x- or y-axis, reluctance forces counteract this movement. The
extent to which they react is defined by the axial passive stiffness

AF,
c, = Aei (B.1)
and two tilting stiffnesses
AT, AT,
Coq = A_ol: and cp= A_,[f (B.2)

Using the possibility of passive stabilization contributes to designing a highly
compact mechatronical system, however, it is physically impossible to stabilize
all DOF’s purely passively (Earnshaw’s theorem [96]).

B.2.2 Active Bearing and Drive

When the rotor is displaced from its center position in radial direction, re-
sulting reluctance forces support this movement until mechanical collision
occurs. This destabilizing behavior is described by the radial stiffness factors
in x- and y-direction

AF, AF,

A and cyzA—y.

(B.3)
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Stator with three
teeth & three coils

Fig. B.2: Conceptual drawing of the proposed three-pole bearingless motor. The rotor
consists of six permanent magnets (PM) that are magnetized in alternating order. The
sketches demonstrate its force and torque generation.

The purpose of the active magnetic bearing is to compensate the passive
radial bearing stiffness and thereby making rotor levitation possible. The last
DOF is the drive torque, which is created by a suitable harmonic wave that
generates tangential forces. The harmonic wave is coming from the winding
scheme in combination with harmonics from the stator teeth [97]. For the
proposed three-pole motor, Fig. B.2 demonstrates the radial force and torque
generation visually. As shown, a bearing force can be arbitrarily created for
every rotor angle, i.e., the two radial DOFs are fully stabilized. However, for
a certain rotor angle the resulting torque is zero, hence the rotational DOF
has not full range.

The necessary power electronics for the active bearing and drive control
is depicted in Fig. B.1 (d). Each of the three coils has to be connected to a half-
bridge, while the other ends should be connected in star. A forth half-bridge
is required to control the star point, since a symmetric star connection is not
possible with this design. Employing this control concept, bearing forces can
be arbitrarily created for every rotor angle, while the drive experiences single-
phase characteristics. For comparison, the power electronics of the reference
motor is shown in Fig. B.1 (c), where six half-bridges are required to control
the coil currents [35]. It can clearly be seen, that besides the minimalistic
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Fig. B.3: Single stator tooth of the three-pole motor with its main geometry parameters,
i.e., tooth width wr, tooth tip opening angle arT and tooth tip thickness tyT.

stator design of the three-pole motor, the expense for the power electronics
is reduced as well.

B.2.3 Coupling Two Three-Pole Motors

This study investigates the challenge of levitating and rotating long shafts
by the most compact bearingless motor possible. Therefore, the single-phase
drive deficit of the three-pole motor has to be solved. This is realized by a 30°
twist between the two motors, which ensures that at no time both motors are
in the no-torque position simultaneously. It is demonstrated in Fig. B.1 (e)
for a cross-flow fan as an example.

B.2.4 Reference Motor

An already existing, fully operational bearingless motor will serve as a ref-
erence, which has been presented in [35] in great detail. It consists of six
stator teeth, six corresponding copper coils and a rotor with four permanent
magnets as visualized in Fig. B.1 (a). This comparison serves to realistically
investigate the novel three-pole motor’s potential and to increase the suc-
cess rate of a future prototype. The reference motors specific bearing and
drive parameters, derived from 3D magnetostatic FEM simulations, are listed
in Tab.B.1. For the sake of proper comparison between the reference and
novel three-pole motors, some general geometry parameters have to be set as
framework conditions. Therefore, the stator and rotor diameters, stator and
rotor heights as well as magnet shapes of the proposed motor are set equal to
the reference motor.
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Using 3D magnetostatic FEM simulations the force-torque behavior of the
proposed single as well as coupled three-pole motor will be evaluated next
for various stator tooth geometries. Particularly, the influence of different
tooth widths wr, tooth tip opening angles arr and tooth tip thicknesses #rr,
as depicted in Fig. B.3, will be studied. The focus lies on delivering maximal
torque, reducing cogging torque and generating sufficient bearing forces.

B.3 Drive

This section analyses the motors ability to generate drive torque as well as
the topology’s cogging torque for different rotor angles. As a first step, the
behavior of a single three-pole motor is evaluated from 3D FEM simulations.
From this analysis Fig. B.4 results, which shows the torque for different levels
of electrical excitation. The electrical excitation (or magnetomotive force) is
represented in ampere-turns (At), since it is the product of applied current and
number of windings of a coil. Additionally, simulation results of the reference
motor from Tab. B.1 are plotted in gray for visual comparison. From Fig. B.4,
different conclusions about the three-pole motor can be drawn. This motor
design produces a cogging torque, which will interfere with the active drive
torque. The rotor positions marked in red represent stable points in terms
of cogging torque. However, these positions coincide with the angles where
active drive torque cannot be created. The rotor would stay in this position
even if a drive current is applied. The positions marked in blue are unstable
points, because any slight angular displacement leads to a cogging torque
accelerating the rotor. In summary, this analysis confirms that the three-pole

Tab. B.1: Bearing and drive characteristics of the reference six-pole motor.

Parameter

drive torque constant kary 071 mNm/A
bearing force constant kbng 353 mN/A
radial stiffness cxy 122 N/mm
tilting stiffness Cap 3.2  mNm/deg
axial stiffness ¢, 32  N/mm
drive ripple factor for 250 A-turns Y 49 %
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Fig. B.4: Cogging torque and active drive torque with respect to rotor angle of the
novel bearingless three-pole motor for excitations of © = 0 At (corresponding to the
cogging torque Teog), © = 250 At and © = 500 At. At the points marked in red, a drive
torque cannot be generated. The blue points represent the unstable working points.
Additionally, the cogging torque and drive torque for © = 250 At of the reference
motor are plotted in gray.

motor experiences single-phase characteristics for the drive and it would not
possible to start the rotation without special measures.

B.3.1 Coupling Two Three-Pole Motors

As described before, for double-sided driven applications the single-phase
drive characteristics of the three-pole motor can be overcome by coupling
them with a 30° shift. Fig.B.5 depicts the simulation results to that. The
superimposed cogging torque T,z shows to be much lower compared to the
single three-pole motor in Fig.B.4 and angular positions where no drive
torque can be generated do not exist. Comparing the effective drive torque
that this setup can generate with the reference motor’s torque, the simulations
clearly reveal that the coupled three-pole motors create less torque than a
single six-pole reference motor with the same peak magnetomotive force.
This will be addressed in more detail in Sec. B.5, when looking at the motor
losses.
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Fig. B.5: Cogging torque and drive torque with respect to rotor angle of two coupled,
30° shifted novel bearingless three-pole motors, including excitations of © = 0 At
(corresponding to the cogging torque Tcog), © = 250 At and ©® = 500 At. The no-
torque positions are overcome. Additionally, the cogging torque and drive torque for

© = 250 At of the reference motor are plotted in gray.
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Fig. B.6: Average drive torque for different stator tooth designs, i.e., varying tooth
width from wr = 10...15 mm, tooth tip opening angle att and tooth tip thickness
t1T for B4,y = 250 At.
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B.3.2 Stator Design and Optimization

To optimize the coupled three-pole motor for high torque and low torque
ripple, simulations have been conducted on the influence of stator tooth
geometry (see Fig.B.3) on the double-drive’s behavior. Fig. B.6 summarizes
the results of the average drive torque that is created with an electrical
excitation of O4, = 250 At (for each motor), when tooth width wr and
tooth tip form (arr and t77) are varied. Torque fluctuations over the angular
range have been evaluated from these results as well. Furthermore, Fig.B.7
shows the simulation results for cogging torque with respect to the different
geometry parameters. Finally, the drive ripple factor for a magnetomotive
force of Ogy = 250 At is calculated from these results. After breaking all
these simulation results down, different conclusions can be derived about the
influence of tooth tip form and tooth width on the torque behavior.

Tooth Tip (arr & trT)

Interpreting Fig. B.6, it can immediately be seen that an increase in tooth tip
angle as well as thickness reduces the torque. Therefore, a design without a
tooth tip acts in favor of achieving maximal torque. This can be explained by
the effect of magnetic saturation. The main part of the permanent magnet
flux trajectories tend to shortcut over the tip (instead of passing through
the tooth itself) resulting in a torque reduction as explained in [99] in detail.
Furthermore, the torque fluctuations have been evaluated. The simulations
reveal that the larger the tooth tip, the stronger the fluctuations, i.e., the
generated torque varies stronger with angular rotor position. Similarly, the
cogging torque increases with larger tooth tip as depicted in Fig. B.7. To get
an idea on how much the cogging torque affects the drive torque, the ripple
factor has been calculated according to

_ T@):OAt,max _ Tcog,max
Ydrv = —= = = 5 (B4)
©=250At To50at

with Té):zso At being the average torque for an electrical excitation of Odry =
250 At and Teogmax the maximal cogging torque. It resulted in a yy,, rang-
ing from 4% (smallest tooth tip) up to 30% (for the largest simulated tooth
tip). However, high ripple factors are not desired, since they require special
measures within the control structure to ensure a smoothly running rotor. In
summary, the drive simulations reveal that no tooth tip is recommended.
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Fig. B.7: Average cogging torque for different stator tooth designs, i.e., varying tooth
width from wt = 10...15mm, tooth tip opening angle e and tooth tip thickness
ITT.

Tooth Width (wr)

The final, crucial stator parameter is the tooth width. Choosing a small
wr prevents magnetic shortcuts, however, tends to saturation due to the
small cross-sectional area which in turn has a negative influence on the
resulting torque [99]. A large wr limits the space for the copper coils and
increases the chance of magnetic shortcuts [99]. To analyze these saturation
effects briefly, Fig. B.8 depicts the simulation results for torque generation
with respect to tooth width wr. Tooth designs of wr = 6 .. .18 mm without
a tooth tip are considered and excitation levels of O = 0At, © = 200 AL,
© = 300At and © = 400 At are applied. It results that a lower limit of
wr exists at approximately 13 mm (due to magnetic saturation) and that the
cogging torque varies over the wr range with a minimum at 13 mm.

In summary, a stator geometry is preferred, where the tooth has no
tooth tip and the tooth tip has the same width as the tooth itself. This
design maximizes the effective drive torque and reduces the cogging torque.
Regarding the tooth width, it can be concluded that saturation effects have
to be taken into account thoroughly in the stator design procedure as is also
described in [99].
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Fig. B.8: Average drive torque for different tooth widths wt and different electrical
excitation levels of © = 0 At (corresponding to the cogging torque Teog), © = 200 At,
© =300 At and © = 400 At.

B.4 Active Magnetic Bearing

After the coupled three-pole motor’s drive characteristics have been studied
in great detail, the bearing behavior is next. The passive reluctance forces
heavily depend on the tooth geometry, since for larger stator tooths the area
that the magnetic forces from the permanent magnets can act on, increases.
This section will particularly focus on reluctance forces for different tooth
widths wr, but excluding stator designs with tooth tips due to the explicit
results from Sec.B.3. Moreover, to enable a conclusive comparison of the
active magnetic bearing between the reference motor and the novel three-pole
motor, the radial starting distance § is compared. The bearing current needed
to start a bearingless motor from standstill (i.e. to detach the rotor from the
wall) is defined as

F Cxy - 0
Ltart = St - 2 (B-S)
kbng kbng

with a required bearing force Fyiart and bearing force constant kpng, whereas
Fitart is the product of the radial stiffness ¢,y and 8. Therefore, § is defined as

F, start

5= (B.6)

Cxy

Fig. B.g visualizes the simulation results for § with respect to different
tooth widths wr = 6...18 mm, when a magnetomotive force of Opng = 375
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Tab. B.2: Optimal design parameters of the novel three-pole motor and its bearing
and drive characteristics.

Parameter

tooth tip opening angle arT - deg
tooth tip thickness tTT - mm
tooth width wr 13 mm
drive torque constant (coupled) karv 0.35 mNm/A
bearing force constant kpng 269 mN/A
radial stiffness Cx. 82 N/mm

drive ripple factor for 250 At (coupled) Y 40 %

At is applied. As stated before, the wider the tooth the larger are the passive
reluctance forces, hence, the smaller is the radial starting distance that the
active bearing can handle for a certain electrical excitation level. This relation
is seen in the simulation results in Fig. B.g as well. The achievable starting
distance depends on the angular position of the rotor, i.e., how does a rotor
magnet face the stator tooth. Therefore, Fig. B.g not only depicts the average
value for the starting distance (J,vg) but also the minimum and maximum
possible distances (Syin and dpmax), representing the worst and best rotor
positions for the active magnetic bearing. Additionally, these three parameters
are plotted for the reference motor in gray. The results reveal that for a
tooth width of 13 mm, the minimal starting distance dp, coincides with the
one of the reference motor. This implies that the three-pole motor’s active
magnetic bearing, can handle at least the same starting distance (i.e. to
detach the rotor from the wall) as the reference motor for the same applied
magnetomotive force. This direct comparison is possible, because the stator
and rotor diameters have been set equal at the beginning of this study;, i.e.,
have the same split ratio.

To sum up the coupled three-pole motor’s investigation, a stator design
with wr = 13mm and no tooth tip offers a high drive torque, rather low
cogging torque and bearing forces, that are comparable to the reference
motor’s active magnetic bearing. The optimal design parameters, bearing
and drive characteristics are listed in Tab. B.2 and its magnetostatic behavior
obtained from 3D FEM simulations is depicted in Fig. B.10. It should be noted
that a brief analysis of the tilting and axial stiffnesses confirmed, that unlike
for slice motors, these passive stabilities are not critical for double-sided
driven shafts.
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Fig. B.9: Average (avg), minimal (8pin) and maximal (Smax) possible starting dis-
tances of the novel three-pole motor (depending on rotor’s angular position) for an
electrical excitation of ébng = 375 At with respect to different stator tooth widths wr.
Additionally, the average, minimal and maximal starting distances of the reference
motor are marked in gray.

B.5 Losses

This section covers a brief comparison of the novel three-pole and the refer-
ence motor’s losses. This is particularly interesting for the future prototype.
Generally, the largest share of the motor losses are the copper and iron losses.
The copper losses P, are defined as

Pcy=m-R-I%, (B.7)

where m is the tooth number, R the copper resistance and I, the effective
value of the phase current. The resistance of the copper coils can further be
calculated as

2
lcoil leg’an ) Ncoil

R=pcu- X pcu - ,
peu Awdg peu Acoil - kcoil

(B.8)

with the copper resistivity 3¢y, slot filling factor k., cross-sectional area of
the coil A, average winding length Iy dgavg and number of turns per coil
Neoil- Furthermore, the phase current can be written as

o/V2

N, coil

, (B.9)

Lims =
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where © represents the magnetomotive force. Finally, plugging (B.8) and (B.9)
into (B.7) and assuming the same slot filling factor k.q; for the three-pole
motor as the reference motor has, following proportionality relation results

l .92
Poy ccm - Tdgave (B.10)
Acoil

The three-pole motor has a slot number of m = 3 (in contrast to the reference
motor with ms = 6), much more space for bigger copper coils A, however,
a larger magnetomotive force © is required to generate the same drive torque.

The stator iron is permeated by an oscillating magnetic field, so the field
related hysteresis losses Py and eddy current losses Peq make up the iron
losses. Ppy per volume can be characterized as

Phy = f(Ap, w), (B.11)

where Ay, represents the area enclosed by the hysteresis curve and w the
angular frequency of the field harmonic [100]. For Peq per volume it holds
that

P = f(0, B, 0°), (B.12)

with o being the electric conductivity and B the magnetic flux density [100]. A
straight forward iron loss comparison for the three-pole and six-pole reference
motor with relations (B.11) and (B.12) is not possible at this point. The motors
have different frequencies of the harmonic field, different flux densities due
to different stator geometries and the application specific operating point has
not been defined yet.

After this brief loss discussion, it can be concluded that an operating
point for the target application has to be defined followed by a detailed
loss analysis and copper coil design. Only then, a direct comparison of the
maximal achievable drive torque between the six-pole and coupled three-pole
motors is reasonable.
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oT I T B T

Fig. B.10: Concept of the novel three-pole motor analyzed by 3D magnotostatic FEM
simulations.

B.6 Summary

The novel three-pole bearingless motor has been introduced, which is intended
for double-sided driven applications. The motor combines an elegantly simple
and minimalistic design (hardware-wise), while allowing a rotor operation in
chemically challenging, high-purity or extreme temperature environments
due to the hermetically-sealed encapsulation of the rotor. By means of 3D
magnetostatic FEM simulations, the drive and bearing behavior of two cou-
pled three-pole motors has been investigated. The results reveal that it is
theoretically possible to generate drive torque and bearing forces with the
novel, coupled bearingless motor topology, however, its ability to generate
drive torque is significantly lower compared to the reference motor.
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